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RESUME 
La presente these s'inscrit dans le cadre d'un projet strategique sur les arenas finance 
par le CRSNG (Conseil de Recherche en Sciences Naturelles et en Genie du Canada) qui a 
pour but principal le developpement d'un outil numerique capable d'estimer et d'optimiser la 
consommation d'energie dans les arenas et curlings. 
Notre travail s'inscrit comme une suite a un travail deja realise par DAOUD et coll. 
(2006, 2007) qui a developpe un modele 3D (AIM) en regime transitoire de 1'arena Camilien 
Houde a Montreal et qui calcule les flux de chaleur a travers l'enveloppe du batiment ainsi 
que les distributions de temperatures et d'humidite durant une annee meteorologique typique. 
En particulier, il calcule les flux de chaleur a travers la couche de glace dus a la convection, la 
radiation et la condensation. 
Dans un premier temps nous avons developpe un modele de la structure sous la glace 
(BIM) qui tient compte de sa geometrie 3D, des differentes couches, de l'effet transitoire, des 
gains de chaleur du sol en dessous et autour de l'arena etudie ainsi que de la temperature 
d'entree de la saumure dans la dalle de beton. Par la suite le BIM a ete couple le AIM. 
Dans la deuxieme etape, nous avons developpe un modele du systeme de refrigeration 
(REFSYS) en regime quasi-permanent pour l'arena etudie sur la base d'une combinaison de 
relations thermodynamiques, de correlations de transfert de chaleur et de relations elaborees a 
partir de donnees disponibles dans le catalogue du manufacturier. Enfin le couplage final entre 
TAIM +BIM et le REFSYS a ete effectue sous l'interface du logiciel TRNSYS. 
Plusieurs etudes parametriques on ete entreprises pour evaluer les effets du climat, de 
la temperature de la saumure, de l'epaisseur de la glace, etc. sur la consommation energetique 
de l'arena. Aussi, quelques strategies pour diminuer cette consommation ont ete etudiees. Le 
considerable potentiel de recuperation de chaleur au niveau des condenseurs qui peut reduire 
l'energie requise par le systeme de ventilation de l'arena a ete mis en evidence. 
Mots cles: Arena, Systeme de refrigeration, Consommation d'energie, Efficacite energetique, 
Conduction au sol, Performance annuelle. 
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CHAPITRE1 
INTRODUCTION GENERALE ET REVUE BIBLIOGRAPHIQUE 
1.1 Introduction 
L'efficacite energetique est un objectif primordial des gestionnaires de batiments. Au 
Canada, les deux gouvernements, federal et provincial, incitent pair de nombreux moyens a en 
favoriser l'application car elle constitue un moyen sur de reduire leur consommation d'energie 
et leurs effets environnementaux et de ce fait, contribuer a concretiser 1'engagement canadien 
au protocole de Kyoto. 
Vu sous cet aspect, les arenas et curlings constituent une cible de choix car ce sont des 
structures extremement energivores. Ainsi, les systemes de refrigeration utilises dans les 
arenas offrent des possibilites d'economie energetique et de reduction de gaz a effet de serre a 
la fois par 1'amelioration de l'efficacite energetique des systemes de refrigeration, la reduction 
des fuites de refrigerant synthetique ainsi que par 1'optimisation de leur integration aux 
systemes CVC-R. 
Une etude du Centre de la Technologie de l'Energie de CanmetENERGIE de 
Ressources Naturelles Canada (Varennes) a revele que les arenas et curlings au Quebec 
presentent un potentiel d'efficacite energetique inexploite d'environ 620 MWh/an et un 
potentiel de reduction des gaz a effet de serre d'environ 146 tonnes-eq COVan (Lavoie et coll. 
(2000)). Au vu de ces chiffres pour le moins impressionnants et sachant qu'il existe environ 
435 arenas au Quebec et plusieurs milliers en Amerique du Nord, moderniser est devenu 
indispensable compte tenu que la plupart des arenas et curlings au Quebec ont ete construits 
dans les annees 70 ou les connaissances sur l'efficacite energetique etaient encore 
balbutiantes. De nos jours de nouvelles technologies ont deja fait leurs preuves notamment 
aux Etats Unis, il serait done interessant d'etudier la possibility de les integrer dans les 
installations au Canada en tenant compte du climat local, afin de require et optimiser au 
maximum la consommation d'energie. 
Dans le but de realiser ces objectifs, il est necessaire de recourir a des methodes de 
calcul precises des differentes charges qui operent sur la glace, dues entre autres aux 
phenomenes de convection, de rayonnement et des frequentes operations de resurfacage de la 
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glace, tout en tenant compte de la conduction dans le sol en dessous et autour de 1'arena. La 
consommation energetique du systeme de refrigeration et 1'interaction de ce dernier avec 
1'arena doivent etre analyses afin de quantifier la quantite de chaleur rejetee par les 
condenseurs qui peut potentiellement couvrir totalement ou partiellement les besoins de 
chauffage de 1'arena et ainsi reduire la facture de consommation energetique de ces batiments 
tout en assurant une bonne qualite de glace et un bon confort aux usagers et spectateurs. 
Dans les sections suivantes de ce chapitre d'introduction, on presente une breve 
description des parties de l'arena qui seront etudiees dans cette these: 
» La dalle de beton avec echangeur de chaleur 
• Le systeme de refrigeration 
Une revue bibliographique fait suite a chacune de ces deux sections avant de presenter les 
objectifs de ce projet et les differents travaux de notre groupe de recherche. 
1.2 Dalle de beton avec echangeur de chaleur: 
L'echangeur de chaleur dans la dalle de beton sous la glace constitue 1'element 
essentiel dans les arenas et curlings car c'est a lui qu'incombe la tache d'absorber les charges 
dues aux phenomenes de convection et de rayonnement qui operent au dessus de la surface de 
la glace. II doit aussi absorber les importantes charges thermiques que generent les frequentes 
et courtes operations de resurfacage de la surface de la glace. Ces charges sont alors 
transporters par la saumure circulant dans la tuyauterie contenue dans la dalle de beton et sont 
evacuees par le systeme de refrigeration, permettant ainsi de controler la temperature de glace 
et sa qualite. Aussi, pour une modelisation plus complete, les charges provenant du sol en 
dessous de la dalle et du sol environnant doivent etre a lews tours prises en consideration. 
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Figure 1.1 Description schematique generate de la structure sous la glace d'un arena 
A cet effet, la modelisation de cette partie de 1'arena est tres delicate et complexe, car 
non seulement il faut tenir compte de la repartition des tuyaux dans la dalle de beton et la 
circulation de la saumure mais il faut tenir compte de toute la structure (voir figure 1.1) qui est 
constitute de plusieurs couches differentes aussi bien au niveau de leurs dimensions qu'au 
niveau de leurs proprietes thermiques; sol, sable, isolant thermique, dalle de beton, tuyaux de 
saumure et glace. 
Tres peu d'etudes ont ete effectuees par le passe dans le but de modeliser des 
echangeurs sous-terrains couples au sol et au batiment; les rares travaux qu'on trouve dans la 
litterature concernent surtout les planchers chauffes. Parmi ceux-la on peut citer les travaux 
realises par: 
El-Biyaali et coll. (1996) qui ont mis en ceuvre une methode de reduction des modeles 
basee sur la sous-structuration du systeme thermique etudie. L'application sur 1'evaluation des 
transferts thermiques entre un batiment et le sol a montre que cette methode donne des 
resultats tres satisfaisants, aussi bien vis a vis de la methode detaillee qui consiste a traiter le 
probleme par agregation directe que pour la methode de couplage. Pour cette derniere, ils se 
sont limites a un decoupage en deux elements avec un couplage dit "bord-a-bord". Ainsi, les 
perspectives d'utilisation, dans les codes de calcul dedies a des non experts, de la sous-
structuration et de la reduction des bases locales de transferts d'une structure complexe 
9 
apparaissent grandes. Ces modeles reduits ont pour vocation essentielle d'alimenter des codes 
de simulation, plus globaux, du comportement thermo-aeraulique des batiments. Dans ce 
contexte la constitution de bibliotheques de modeles reduits devrait rendre de grands services 
a leurs utilisateurs. Par ailleurs, le prix a payer, en termes de temps de calcul, pour l'obtention 
du modele reduit est largement compense par les gains de temps obtenus lors de la simulation 
d'un cas. 
Roux et coll.(1997) ont publie un article dans lequel ils presentent les techniques 
utilisees pour realiser un modele d'etat reduit, pour un plancher a chauffage a eau, et son 
couplage avec un modele de batiment, realise a l'aide du logiciel TRNSYS. 
oup / y s 
lcm 
6cm 
4cm 
10cm 
mmmmm 
2cement fluid n 
3insulation 
4concrete 
lb=16 cm 
Table 1. 
HMluid 
N° 
layer 
1 
2 
3 
4 
thermal 
conductivity 
(W/mK) 
1.04 
1.15 
0.04 
1.50 
thennal 
capacity 
(106J/m3K) 
1.05 
1.64 
0.05 
2.21 
* G>down 
Figure 1.2 Description schematique du systeme radiant [Roux et coll. (1997)] 
Le comportement thermique dynamique du plancher a ete modelise, en integrant 
l'equation de la chaleur en deux etapes. Premierement, ils ont procede par la discretisation de 
l'espace en utilisant une methode aux volumes finis. Les differentes matrices (etat, commande, 
etc.) sont ainsi calculees pour le modele de reference qui est de l'ordre 215 volumes de 
controle pour l'exemple traite (Figure 1.2). Par agregation lineaire, une technique utilisee pour 
la reduction du modele, ils ont obtenus un modele reduit de l'ordre de 13 volumes de controle. 
Deuxiemement, une fois le modele reduit realise, il est ensuite inclus comme nouveau type 
(sous-programme) dans TRNSYS, le logiciel qui integre numeriquement les equations, et il 
est couple a d'autres composants du modele thermique, particulierement le modele de 
batiment. 
Par ailleurs, de nombreux auteurs se sont interesses aux pertes thermiques des 
batiments vers le sol par l'intermediaire de leurs fondations en beton : 
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Une technique analytique appelee : Interzone Temperature Profile Estimation (ITPE) 
method developpee par Krarti et coll. (1988) a ete appliquee a plusieurs problemes de 
transfert thermique de couplage avec le sol. En particulier, des solutions d'lTPE ont ete 
developpees pour calculer le transfert thermique a partir des planchers de dalle en beton, sous-
sols, utilisees generalement avec des configurations d'isolation (Krarti, 1990, 1993, et 1994). 
La methode d'lTPE combine a la fois les techniques analytiques et numeriques pour 
obtenir les solutions bidimensionnelles et tridimensionnelles de l'equation de conduction de la 
chaleur. Puisqu'elle est basee sur une solution analytique, la methode d'lTPE peut tenir compte 
de n'importe quelle valeur d'isolation thermique, profondeur de la table d'eau (water table), et 
proprietes thermiques du sol. Dans une formalisation typique d'lTPE, le sol (ou tout milieu 
conducteur) est premierement divise en plusieurs zones de formes regulieres par des surfaces 
« imaginaires ». La geometrie et les conditions aux frontieres, determinent ces surfaces 
imaginaires qui divisent le milieu du sol. Puis, la distribution de la temperature est determinee 
dans chaque zone en resolvant l'equation de conduction de la chaleur par une technique 
analytique. Le long des surfaces imaginaires, les profils de temperature ne sont pas connus. 
Cependant, ces profils de temperature sont determines en utilisant la continuite de flux de la 
chaleur entre les zones. 
Laouadi (2004): a developpe un modele detaille pour le chauffage radiant et les 
systemes de refroidissement (Figure 1.3), dans le but de Pintegrer dans le logiciel de 
simulation d'energie. Le modele vise les logiciels de simulation d'energie qui emploient la 
modelisation numerique unidimensionnelle pour calculer le transfert thermique dans des 
batiments. 
Le modele developpe comporte deux ensembles: un ensemble emploie la methode de 
source de chaleur pour calculer le transfert thermique dans le milieu radiant tandis que 1'autre 
calcule le transfert thermique dans la tuyauterie du circuit. Le transfert thermique dans le 
milieu radiant est resolu en utilisant la modelisation numerique unidimensionnelle, deja etabli 
dans le logiciel de simulation d'energie, et une solution analytique bidimensionnelle est 
apposee a elle. Le transfert thermique a partir de la tuyauterie de circuit au milieu adjacent est 
resolu en utilisant un modele analytique. 
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Figure 1.3 Description schematique du systeme radiant a dalle de beton 
avec tuyauterie en serpentin 
Les deux ensembles sont couples par l'intermediaire de la temperature du nceud de 
source de chaleur, c.-a-d., la temperature du nceud de source de chaleur est egale a celle de la 
surface exterieure de la tuyauterie du circuit. L'avantage de ce modele par rapport au modele 
unidimensionnel, est qu'il prevoit avec plus de precision la temperature de contact tuyauterie 
de circuit-dalle de beton. 
Somrani et coll. (2007) : ont presente deux modeles dans le but de calculer les gains 
de chaleur du sol vers la saumure pour des applications sur les arenas. Le premier modele est 
base sur la methode d'analyse (ITPE) decrite precedemment, tandis que le second utilise un 
schema implicite aux differences finies. Les predictions des deux modeles ont ete comparees 
et un bon rapprochement des resultats a ete constate. Aussi, les resultats du modele numerique 
transitoire sont compares a des mesures obtenues pour une petit arena exploite dans des 
conditions de laboratoire. Les mesures preyoient la periode de temps necessaire pour faire 
geler la surface de glace ainsi que la temperature a differents endroits du sol de l'arena. Les 
resultats du modele numerique ont ete ensuite utilises pour etudier l'impact des differentes 
conditions d'operation et aussi du design de ce type de batiment. Les auteurs stipulent que la 
temperature de la glace et le temps necessaire pour faire geler l'eau peuvent etre influences a 
long terme par Fepaisseur de l'isolant thermique sous la dalle de beton, l'epaisseur de la 
couche de glace, la temperature de consigne de la saumure, la temperature de l'air interieur et 
le transfert de chaleur par convection au dessus de la surface de la glace. 
12 
1.3 Systeme de refrigeration : 
Les systemes de refrigeration des arenas et curling sont considered comme faisant 
partie des larges systemes de refrigeration, car ils sont constitues de plusieurs evaporateurs, 
compresseurs, vannes de detentes, condenseurs...etc. Ils constituent le cceur de l'arena et c'est 
la partie qui consomme le plus d'energie avec le systeme de ventilation 
La modelisation et la simulation numerique des systemes de refrigeration de tout genre 
ont fait l'objet de nombreuses etudes. Les modeles existants peuvent etre classes generalement 
selon leur degre de complexity. Mais, un examen plus approfondi de la litterature indique 
cependant, que la modelisation des systemes de refrigeration au complet ou par composante 
peut etre repartie en deux principaux types : 
• Les modeles « Curve fitting» 
• Les modeles fondamentaux 
Dans le premier type, le modele utilise des donnees fournies dans le catalogue du 
manufacturier pour chaque composante du systeme de refrigeration afin de generer une 
correlation. L'application valide est limitee a la plage des donnees et aux conditions fournies 
par les fabricants. 
Dans le deuxieme type, le modele repose sur des equations de transfert de chaleur et 
sur les lois thermodynamiques qui sont une description exhaustive des phenomenes physiques. 
Ce type de modele exige des informations completes sur la configuration et les dimensions 
des composantes ; tels que le type des echangeurs de chaleur (tubes et calendre, a plaques, 
condenseur a air ou a eau ... etc.), le nombre de tubes dans la calendre, les diametres des tubes, 
le nombre de passes, le nombre de pistons dans le compresseur s'il s'agit d'un compresseur a 
pistons, le type de refrigerant, le nombre de ventilateurs dans le condenseur si refroidi a l'air 
...etc. 
Cependant, une des principales difficultes dans la modelisation des systemes de 
refrigeration est le fait qu'un modele exact de chaque composante peut s'averer extremement 
complexe ou meme impossible a obtenir. Par exemple, dans le cas du compresseur, ou le debit 
du refrigerant a travers les soupapes, le processus de transfert de chaleur, la presence d'un 
lubrifiant a l'interieur de la coque du compresseur...etc., sont presque analytiquement 
indescriptibles. Aussi, quelques limitations et hypotheses simplificatrices sont la plupart du 
temps necessaires et requises pour alleger la simulation. 
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Pour cette raison, plusieurs auteurs ont adopte une methode alternative qui en fait se 
situe entre les deux types de modeles decrits precedemment. Certains articles illustrant ces 
approches sont brievement passes en revue dans les paragraphes suivants. 
Le modele de la pompe a chaleur eau-a-eau a surchauffe-commandee developpe par 
Stefanuk et coll. (1992), est l'un des modeles les plus detailles present dans la litterature. Les 
auteurs stipulent que leur modele est derive entierement des lois fondamentales de 
conservation de la masse, de l'energie, de la quantite de mouvement et des equations d'etat 
ainsi que les correlations fondamentales du transfert de chaleur. Les valeurs des parametres 
qui decrivent le comportement des differents composants (evaporateur, condenseur, 
compresseur ...;) sont supposees disponibles. Par exemple, les parametres du compresseur 
sont choisis en adaptant le modele aux courbes de performance fournies par le fabricant et qui 
relient le debit massique et la puissance du courant electrique d'entree a la temperature 
d'evaporation et a la pression de decharge du compresseur. Cependant, elles ne sont presque 
jamais disponibles dans les catalogues des pompes a chaleur des fabricants. Les comparaisons 
entre les mesures experimentales et les predictions numeriques du modele pour les pressions 
d'evaporation et de condensation, les taux de transfert thermique dans 1'evaporateur et dans le 
condenseur, ainsi que le COP de la pompe a chaleur sont donnees. Excepte quelques points 
avec des erreurs au dela de ±10%, la plupart des resultats sont generalement acceptables. Les 
previsions des taux de transfert thermique dans les deux echangeurs de chaleur sont 
uniformement trop elevees, les auteurs expliquent que la cause de ce phenomene est la 
prevision surestimee des coefficients de transfert thermique, puisque les coefficients de 
transfert thermique utilises dans le modele sont seulement connus a l'interieur de ±20%. 
Le modele quasi-statique du systeme de refrigeration reciproque developpe par 
Bourdouxhe et coll. (1994, 1997) fait partie d'une trousse a outils de simulation (Toolkit) 
pour l'ASHRAE qui se veut d'etre a la fois oriente vers des solutions simples avec un 
minimum de parametres et d'etre quelque part entre les modeles a «curve fitting)) et 
((equations fondamentales)). Leur approche consiste a l'utilisation d'un schema conceptuel 
comme technique de modelisation afin de representer l'unite comme un ensemble de 
composants elementaires et classiques. Le comportement de chaque composant est alors 
modelise par une approche determinante. Cette approche exige peu de parametres et de 
donnees experimentales comparee aux modeles developpes precedemment. Dans la procedure 
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d'identification des parametres, les donnees experimentales disponibles, telles que les 
temperatures de condensation et d'evaporation, ainsi que les possibles sous-refroidissements 
et sur-chauffages, sont exigees. Bases sur ces derniers resultats experimentaux, les parametres 
du compresseur sont identifies. Alors le systeme de refrigeration en entier est considere afin 
d'identifier les coefficients de transfert de chaleur de l'evaporateur et du condenseur. 
Cependant, ces donnees experimentales ne sont pas toujours disponibles dans les catalogues 
des manufacturiers. 
Willatzen et coll. (1998) ont etabli un modele mathematique decrivant les phenomenes 
transitoires de flux diphasiques pour les evaporateurs et les condenseurs dans un cycle de 
refrigeration a l'application d'un refrigerateur domestique. II est base sur des equations aux 
derives partielles unidimensionnelles qui representent la conservation de masse et de l'energie 
de la paroi du tube (avec omission des equations de mouvement et en partant du principe que 
les pertes de charge sont negligeables). lis ont formule un jeu d'equations differentielles plus 
simples en integrant separement sur les trois phases (liquide, liquide/vapeur et vapeur) 
habituellement presentes dans un echangeur de chaleur tout en examinant de pres les phases 
transitoires importantes induites par la regulation On/Off des systemes de refroidissement a 
compression de vapeur. Ces equations ont ete restructurees par la suite, puis reliees a une base 
de donnees sur les principaux frigorigenes purs et en melanges. De cette maniere, ils ont 
obtenu un modele d'echangeur de chaleur d'application general et souple. Ce modele a ete 
teste dans des conditions de fonctionnement tres variees et a ete aussi employe dans un 
systeme de regulation simple pour montrer l'efficacite du modele pour la conception et la 
regulation des systemes. 
Svensson (1999) s'est inspire d'un systeme a compression de vapeur avec plusieurs 
hypotheses simplificatrices pour le compresseur. Le condenseur a ete separe en deux zones 
(condensation et sous-refroidissement), tandis que l'evaporateur a ete traite comme une seule 
zone. Le processus d'expansion au niveau de la vanne de detente a ete modelise comme etant 
une expansion parfaitement isenthalpique qui maintient une surchauffe constante. 
Ge et Tassou (2000) ont developpe un modele mathematique pour simuler le 
fonctionnement du systeme de refrigeration d'un supermarche. Un tel modele peut etre 
employe pour la comparaison de differents systemes et les strategies de commande en termes 
de consommation d'energie et impact du rechauffement global. Le modele est base sur 
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plusieurs sous modeles de composants qui ont ete lies ensemble dans l'environnement de 
TRNSYS. Les sous modeles des composants principaiix incluent le compresseur reciproque, 
le condenseur refroidi a l'air, la valve thermostatique d'expansion, l'etalage froid et la 
commande. Le modele du systeme general a ete valide avec les resultats experimentaux 
obtenus a partir d'un systeme en laboratoire et d'un systeme complet reel dans un supermarche 
en Ecosse. La valeur du modele est illustree en determinant et en comparant l'efficacite du 
controle de la pression de condensation et de la vitesse variable des compresseurs contre une 
pression de condensation et une vitesse constantes. Les auteurs concluent que meme dans les 
conditions ambiantes de l'ete, le systeme peut etre actionne sans problemes a des pressions de 
condensation tres inferieures a ce qui est fait dans la pratique sous des strategies de commande 
a pression fixe. L'utilisation de la commande de vitesse variable sur un des compresseurs peut 
egalement fournir un meilleur controle de la pression d'aspiration et une economie d'energie 
substantielle (jusqu'a 23%) comparee a la commande On/Off. 
Browne et Bansal (2002) presentent un modele permettant de prevoir la performance 
des refroidisseurs d'eau a compression de vapeur en regime transitoire dans un large eventail 
de conditions de fonctionnement. Le modele surmonte les hypotheses ideales utilisees pour les 
modeles anterieurs employes pour la modelisation des echangeurs de chaleur. En particulier, 
le modele actuel emploie une methodologie NTU- e pour le condenseur et l'evaporateur 
multitubulaire. Cette approche permet de varier les coefficients de transfert de chaleur dans 
toutes les parties des echangeurs de chaleur, ameliorant ainsi l'analogie physique et la 
precision de la simulation. On peut utiliser ce modele en disposant simplement de donnees 
faciles a obtenir (par exemple, la temperature de l'eau entrant dans le condenseur et la 
temperature de l'eau sortant de l'evaporateur). Par ailleurs un modele de compresseur simple 
se basant sur une regression empirique a ete employe pour la simulation. Les donnees 
obtenues comprennent les variables de performance telles que la puissance electrique requise, 
le coefficient de performance (COP) ainsi que les etats du frigorigene pendant l'integralite du 
cycle frigorifique. La methodologie employee pour ce modele permet la modelisation de la 
performance des refroidisseurs utilisant les melanges de frigorigenes. lis ont valide le modele 
a l'aide des donnees obtenues pour les refroidisseurs a mono vis et a double vis 
respectivement. Les donnees montrent une concordance de ± 10 %. 
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Swider et coll. (2001) et Bechtler et coll. (2001) ont adopte avec succes une nouvelle 
approche dans le but de modeliser un refroidisseur a compression de vapeur; cette approche 
utilise une methode a reseau de neurones artificiels, dite GRBF (Generalised Radial Basis 
Function) afin de prevoir la performance generate du refroidisseur. Le modele est developpe 
avec l'objectif de recourir seulement aux parametres d'entree qui sont aisement connus de 
l'ingenieur operateur, c.-a-d. la temperature de sortie de l'eau de l'evaporateur, la temperature 
d'admission de l'eau de refroidissement au condenseur, et la capacite de l'evaporateur. Le 
modele GRBF du refroidisseur predit le travail du compresseur ainsi que le COP de tout le 
systeme avec une precision de ± 5%. 
Solati et coll. (2003) ont presente plusieurs correlations pour des modeles de base de 
systemes de refrigeration a compression de vapeur (compresseurs a vis), dans le but d'evaluer 
la performance energetique de ces systemes. lis ont ete developpes en utilisant un modele 
thermodynamique detaille, contenu dans la trousse a outils de l'ASHRAE (Toolkit 1), pour : 
1. L'identification des parametres du systeme de refrigeration avec des donnees du 
catalogue du fabricant. 
2. La simulation de la performance energetique des systemes de refrigerations a vis. 
Les nouveaux modeles ont ete compares a ceux actuellement utilises pour les systemes 
de refrigeration centrifuges. La performance energetique des systemes de refrigeration a vis de 
deux fabricants differents a ete egalement comparee. 
Jin et Spitler (2002) ont presente un modele d'une pompe a chaleur eau-a-eau, 
approprie pour etre utilise dans l'analyse energetique des batiments ainsi que la simulation des 
systemes CVC-R. Le modele a ete developpe afin d'exiger seulement des donnees 
generalement disponibles dans les catalogues des manufacturiers dans le but d'estimer les 
coefficients du modele. Contrairement a d'autres modeles determinants plus detailles, il ne 
requiert pas les donnees des mesures internes du systeme, habituellement indisponibles pour 
les concepteurs de systemes du batiment et les simulationnistes. Cela fonctionne egalement 
aussi bien avec seulement 16 points de reperes pour chaque mode, le faisant raisonnablement 
commode quand les donnees doivent etre manuellement transcrites a partir d'un catalogue. En 
outre, la performance du modele se compare favorablement avec le modele determinant le 
plus detaille precedemment edite, ayant la meme erreur RMS que le modele decrit par 
Stefanuk et coll. (1992). En le comparant aux modeles a equation adaptee, ce modele 
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maintient la representation physiquement basee de la pompe a chaleur, ce qui permet une 
certaine extrapolation au dela des donnees du catalogue. Sa performance est sensiblement 
meilleure quand un nombre limite de points de fonctionnement est utilise pour revaluation des 
parametres ou des coefficients. 
Fu et coll. (2002) ont developpe un modele de simulation en regime permanent, afin 
de prevoir la performance des refroidisseurs a vis dans un large champ de parametres de 
configuration et de conditions de fonctionnement. Le modele inclut des sous-modeles pour les 
composantes cles, telles que le compresseur sans economiseur, compresseur avec 
economiseur, condenseur a tubes, valve d'expansion, et evaporateur noye. La methode 
modulaire sequentielle et les methodes successives de substitution ont ete combinees 
ensemble pour effectuer la simulation des refroidisseurs. Les proprietes de convergence de 
cette technique de simulation ont 6te egalement analysees. 
Ce modele peut prevoir la performance du systeme avec une erreur de ±10% pour une 
capacite de refroidissement a grande echelle. Une fois leur modele valide, une analyse de 
sensibilite sur le systeme d'economiseur a ete realisee; ils ont constate que la capacite de 
refroidissement du compresseur a vis peut etre augmentee en ajoutant l'economiseur, mais 
seulement quand le rapport volumetrique de la compression est plus grand qu'une certaine 
valeur critique. En meme temps le compresseur a vis avec economiseur peut avoir un plus 
haut COP que celui sans economiseur. 
Durant la meme annee, il y a lieu de signaler Pimportant travail de Bendapudi et 
Braun (2002) qui ont realise une revue de la litterature comprenant plus de 40 articles de 
differents modeles de systemes de refrigeration a compression de vapeur s'etalant sur une 
periode de 23 ans provenant de differents periodiques et conferences. lis presentent un resume 
de chacun de ces documents en utilisant le meme modele qui comporte huit rubriques: 
description de l'equipement, le but, les hypotheses, la description mathematique, la solution 
technique, 1'applicabilite, une discussion et des references. Leur rapport fournit done une mine 
d'informations dans un format simple qui donne un apercu utile de revolution des approches 
appliquees a la modelisation de tels systemes. 
Le et coll. (2004) ont developpe un modele de simulation pour un compresseur a vis a 
huile-injecte pour des applications en processus industriel. Toutes les composantes principales 
du systeme sont modelisees dans un format modulaire, telles que le compresseur a vis a huile-
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injecte, condenseur a tubes, evaporateur noye, valve de detente...etc. II prevoit les parametres 
de performance avec une erreur qui ne depasse pas les 10%. Les resultats simules se 
comparent bien avec les temperatures mesurees de l'eau de refroidissement (a la sortie du 
condenseur) et de l'eau glycole (a la sortie de 1'evaporateur) a ±2% et ±5%, respectivement. 
lis constatent que le COP du systeme augmente d'environ 25% en reduisant la temperature de 
l'eau de refroidissement entrant dans le condenseur de 5°. 
Un autre modele numerique du comportement thermique et dynamique du fluide dans 
des evaporateurs et condenseurs a double tubes a ete developpe par Garcia-Valladares et 
coll. (2004). Pour le cas unidimensionnel en regime permanent et transitoire, les equations 
gouvernantes discretisees (continuity, quantite de mouvement et energie) ont ete efficacement 
couplees en utilisant une methode pas-a-pas implicite. Cette formulation a exige l'utilisation 
de correlations empiriques pour 1'evaluation du transfert de chaleur en convection et en effort 
de cisaillement. Une attention particuliere a ete portee aux differentes phases du fluide a 
l'interieur des echangeurs de chaleur (liquide, vapeur/liquide, vapeur). Toutes les variables de 
l'ecoulement (enthalpies, temperatures, pressions, vitesses, flux de chaleur,...) en meme temps 
que les proprietes thermo-physiques sont evaluees a chaque point du maillage ou le domaine 
est discretise. Les differents aspects et comparaisons numeriques avec des resultats 
analytiques et experimentaux ont ete presentes afin de verifier et valider le modele. Les 
resultats obtenus presentent une bonne concordance avec les travaux anterieurs. 
Chan et Yu (2006) ont presente un modele thermodynamique dans le but d'evaluer la 
possibilite d'ameliorer le coefficient de performance (COP) sous diverses conditions de 
fonctionnement. II tient compte des vrais phenomenes physiques du processus, y compris le 
controle de la capacite des compresseurs a vis et la variation des coefficients de transfert 
thermique dans 1'evaporateur et dans le condenseur. II contient aussi un algorithme pour 
determiner comment les ventilateurs du condenseur sont mis en marche en reponse a une 
temperature de condensation differente du point de consigne. Les parametres du modele ont 
ete identifies sur la base des donnees de performance des caracteristiques du refroidisseur et le 
modele de ce dernier a ete valide en utilisant un large champ de donnees de fonctionnement 
d'un refroidisseur a vis refroidi a Pair. lis trouvent que la difference entre les COPs mesures et 
mode les est a moins de ±10% pour 86% des cas. Aussi, le COP du refroidisseur peut 
augmenter jusqu'a 115% quand la temperature de condensation du point de consigne est 
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ajustee, et cela pour n'importe quelle temperature exterieure donnee. lis ont aussi propose une 
strategic pour faire fonctionner a un maximum d'efficacite un refroidisseur a vis refroidis a 
l'air pour satisfaire le plus possible les besoins de refrigeration d'un batiment. 
Arias et Lundqvist (2006), ont propose une solution a deux options qui peuvent etre 
combinees afin de diminuer la demande energetique des supermarches ou la consommation 
d'energie est tres elevee. La premiere s'applique mieux pour les pays relativement froids tels 
que l'Europe du nord et le Canada. Elle consiste en la recuperation de la chaleur rejetee par les 
condenseurs pour l'utiliser par la suite pour les besoins de chauffage du batiment. L'autre 
option consiste a faire varier la pression de condensation, afin d'ameliorer le coefficient de 
performance et diminuer la consommation d'energie du systeme de refrigeration pour les 
temperatures exterieures plus basses. Les auteurs ont employe le logiciel CyberMart pour 
mettre au point leur modele numerique du systeme de refrigeration qui calcule la 
consommation d'energie d'un supermarche en Suede. lis ont valide leurs calculs theoriques 
par des mesures de differents parametres tels que les temperatures, taux d'humidite relative et 
puissance du compresseur, effectues dans differents supermarches. Les auteurs affirment que 
tous les besoins de chauffage d'un supermarche peuvent etre combles en exploitant 
soigneusement les deux options precitees dans le cadre d'une strategic de commande 
adequate. 
1.4 Objectifs du projet: 
Le present projet s'inscrit dans le cadre d'un projet strategique sur les arenas finance 
par le CRSNG (Conseil de Recherche en Sciences Naturelles et en Genie du Caiiada) qui a 
pour but principal le developpement d'un outil numerique capable d'estimer et d'optimiser la 
consommation d'energie dans les arenas et curlings. Plusieurs travaux de recherche ont deja 
ete realise dans le cadre de ce projet notamment ceux de Bellache et coll. (2005) qui ont 
developpe un modele numerique 2D en regime permanent utilisant un code CFD capable de 
prevoir la vitesse de l'air et sa temperature ainsi que l'humidite absolue dans un arena a 
Montreal (Quebec) avec ventilation et chauffage. Le code developpe calcule le flux thermique 
vers la glace du aux phenomenes de convection de l'air, de la condensation de la vapeur et de 
la radiation a partir des murs et du plafond de l'arena etudie. Cependant, les calculs ne 
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tiennent pas compte du resurfa9age, du travail de la pompe et du gain de chaleur a partir du 
sol. 
Ce modele a ete ensuite ameliore par Bellache et coll. (2006) pour inclure le 
phenomene transitoire, les gains de chaleur du sol, les charges dues aux luminaires, le 
resurfacage et la dissipation de travail de la pompe dans les tuyaux de saumure. La 
temperature du sol a une profondeur de 2m a ete consideree comme etant constante et les 
tuyaux de saumure ont ete assimiles a une surface horizontale a temperature constante egale a 
la moyenne des temperatures d'entree et de sortie de la saumure. Les resultats ont ete 
compares avec succes avec les mesures experimentales effectuees sur l'arena en question par 
Ouzzane et Coll. (2006) 
Bien que l'approche de CFD soit tres precise et fourni beaucoup de details dans les 
resultats, elle requiert cependant une memoire tres importante et un temps de calcul 
considerable. Par exemple pour une simulation de 24h avec le modele de Bellache et coll. 
(2006) le temps de calcul sur un ordinateur personnel performant prend un jour complet. 
Des lors, une autre methode alternative au CFD qui requiert moins de temps de calcul 
et moins de memoire a ete developpee par Daoud et coll. (2006, 2007) qui combine plusieurs 
modeles; zonal, radiation, humidite et condensation et tient en compte le resurfacage et 
1'occupation. Ce modele appele «Above Ice Model » ou AIM, calcule les flux de chaleur a 
travers l'enveloppe du batiment ainsi que les distributions de temperatures et d'humidite pour 
un regime transitoire en 3D durant une annee meteorologique typique. En particulier, il 
calcule les flux de chaleur vers la couche de glace dus a la convection, la radiation et la 
condensation. La temperature sous la glace est consideree constante et les resultats montrent 
une bonne concordance avec les donnees experimentales et les resultats obtenus par CFD. 
C'est a la suite de cette derniere etude que s'inscrit notre travail qui consiste a 
developper dans un premier temps un modele general de la structure sous la glace, qui tient 
compte de sa geometrie 3D, des differentes couches, de Peffet transitoire, des gains de chaleur 
du sol en dessous et autour de l'arena ainsi que de la temperature d'entree de la saumure. Ce 
modele nomme Below Ice Model ou BIM vient se coupler a 1 'Above Ice model (ou AIM) 
developpe par DAOUD et coll. (2006, 2007) comme le montre la figurel.4. II suppose une 
temperature constante d'entree de saumure de -9°C dans la dalle de beton et simule une annee 
21 
entiere. Les details de la modelisation et resultats ont ete publie par Seghouani et coll. (2009) 
et constituent le chapitre 2 de la presente these. 
Couplage REFSYS developpe par 
Seghouani et Galanis (2009) 
Figure 1.4 Objectif general du projet 
La deuxieme etape consiste a modeliser numeriquement le systeme de refrigeration de 
l'arena a l'etude (C. Houde), qui est constitue de 5 compresseurs, de 2 evaporateurs, ainsi que 
de 5 condenseurs a air et autant de vannes de detente. La modelisation d'un tel systeme doit 
tenir compte de la temperature de l'air exterieur, de la temperature de retour de la saumure de 
la dalle de beton ainsi que de la charge thermique calculee par l'ensemble couple de l'AIM + 
BIM. Le systeme de refrigeration doit alors evacuer cette charge et delivrer la temperature de 
saumure de consigne desiree soit -9°C. Les details de la modelisation et les resultats obtenus 
ont ete publie par Seghouani et Galanis. (2009) et constituent le chapitre 3 de la presente 
these. Le meme systeme a deja ete modelise par Madani (2008) utilisant une approche 
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relativement similaire afin d'etudier les effets de la variation de la pression de condensation 
sur les parametres thermodynamiques du circuit de refrigeration. Cet auteur a evalue les gains 
energetiques decoulant du fonctionnant a pression de condensation variable qui permet de 
profiter du climat canadien specialement en hiver. 
Enfin, la troisieme et derniere etape de ce projet (chapitre 4) consiste a coupler le 
modele developpe du systeme de refrigeration et l'ensemble AIM + BIM (voir figurel.4). 
Ainsi, le modele numerique de l'arena est complet et l'interaction entre le batiment et son 
systeme de refrigeration au niveau des evaporateurs (fluide secondaire et primaire) peut etre 
analysee. Ceci permet d'etudier differentes strategies de controle en mode quasi permanent. 
Aussi, une estimation du potentiel de recuperation de chaleur au niveau des condenseurs est 
effectuee et comparee aux besoins energetiques du batiment. 
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Resume: 
Dans ce chapitre, un modele de transfer! de chaleur transitoire, entre le sol sous 1'arena 
et autour de ses fondations avec la saumure circulant dans les tuyaux de la dalle de beton sous 
la glace fut developpe. Par la suite, ce modele a ete couple avec succes au modele aeraulique 
et thermique du batiment developpe par Daoud et al. (2006); celui-ci calcule les differents 
flux de chaleur qui operent au dessus de la glace par convection, radiation et changement de 
phase. Aussi, plusieurs sous-routines ont ete elaborees dans le but d'estimer la consommation 
d'energie pour le chauffage et rhumidification (ou pour la climatisation et le rechauffement) 
de l'air de ventilation. 
L'outil de simulation developpe a ete utilise pour calculer les charges mensuelles de 
refrigeration, la consommation d'energie par le systeme de ventilation, l'eclairage, la pompe a 
saumure, le systeme de chauffage radiant des gradins et le chauffage electrique souterrain 
utilise pour prevenir le gel dans le sol. 
L'effet du climat de quatre villes d'Amerique du Nord (climats tres differents) est 
analyse ainsi que les effets de la temperature d'entree de saumure dans la dalle de beton, de 
l'epaisseur de la glace, de l'hysteresis du thermostat qui controle la temperature de l'air au 
dessus des estrades et de l'effet du setback nocturne du thermostat. Enfin, quatre correlations 
exprimant la consommation d'energie du systeme de ventilation en fonction de la temperature 
sol-air sont formulees. 
Mots cles: Methode zonale, Conduction au sol, Echanges radiatifs, Convection, 
Condensation, Charge de refrigeration. 
25 
Abstract 
A model of the transient heat transfer between the ground under and around the 
foundations of an indoor ice rink and the brine circulating in pipes embedded in the concrete 
slab under the ice has been coupled with a previously developed model calculating heat fluxes 
towards the ice by convection, radiation and phase changes. Subroutines calculating the 
energy consumption for heating and humidifying (or cooling and reheating) the ventilation air 
have also been added to the model. The resulting simulation tool has been used to calculate 
monthly refrigeration loads and energy consumption by the ventilation system, the lights, the 
brine pump, the radiant heating system of the stands and the underground electric heating used 
to prevent freezing and heaving for four North American cities with very different climates. 
Correlations expressing the energy consumption of the ventilation air stream in terms of the 
sol-air temperature are formulated. 
Keywords: zonal method, ground conduction, radiation exchanges, convection, condensation, 
refrigeration load 
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Nomenclature 
A area, m2 
Cp Specific heat, J/kg K 
Ca Discharge coefficient 
g Acceleration of gravity, m/s2 
h height, m 
k Thermal conductivity, W/(m.K) 
riij j Airflow between zones i and j , kg/s 
mB Brine flow rate, kg/s 
M Mass, kg 
P Static pressure, Pa 
qcd Conductive flux, W/m 
q
 cv Convective flux, W/m 
qrd Radiative flux, W/m2 
Icond Condensation flux, W/m2 
qrs Heat flux due to resurfacing, W/m2 
QCoo] Cooling rate, W 
QHeat Heating rate, W 
Q Humid Energy rate due to humidification, W 
Q Re heat Energy rate due to reheating, W 
QH Electrical power in sand layer, W 
QIce Heat rate into node 1 calculated by AIM, W 
Q
 node Lateral heat transfer to node n, W 
R Thermal resistance, m2 -K/W 
Snode Surface for lateral heat transfer at node n, m 
t Time, hour 
T Temperature, K 
Tb Brine temperature, K 
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Tgr Temperature of ground surface, K 
Tnode Temperature at node n, K 
Tsoi-air Sol-air temperature, °C 
Unode Average conductance for lateral heat transfer at node n, W/m2 K 
Wg Moisture source term, kg/s 
zx,z2 Top and bottom depths of ground segment, m 
Abreviations 
AIM Above Ice Model 
BIM Below Ice Model 
1ST Ice Surface Temperature 
Subscripts and Superscripts 
i Cell i or surface i 
i J Between surface or cell i and j 
p present time step 
p+1 next time step 
Greek symbols 
At Time step, hour 
Ejj Constant depending on flow direction (±1) 
p Air density, kg/m 
CO Absolute humidity, kgmojsture/kgdry air 
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2.1 Introduction 
Indoor ice rinks are large buildings without internal partitions and with high energy 
consumption. They have a complex energy system in which a large ice sheet is cooled and 
maintained at a low temperature by a refrigeration system, while the stands are heated (or 
cooled) to ensure comfortable conditions for the spectators. Also, the building is ventilated to 
ensure good air quality. The movement of the ventilation air through these wide open areas 
and the simultaneous operation of heating and cooling equipments increase energy 
consumption and greenhouse gas (GHG) emissions. 
A study by Lavoie et al. (2000) shows that the potential for energy savings in a typical 
ice rink in Quebec is roughly 620 MWh/year and the potential GHG emission reduction is 146 
tons-equivalent CC^/year. Since there are 435 indoor ice rinks in Quebec and several thousand 
in North America, it would be interesting to improve their energy efficiency while preserving 
good ice quality and comfort for the spectators. To achieve this objective precise methods for 
the calculation of the corresponding loads are necessary. 
Three different methods are commonly used for the thermal modeling of buildings: the 
Nodal method, Computational Fluid Dynamics (CFD) and the Zonal method. The first one is 
the simplest and is implemented by representing the inside volume of the entire building, or of 
large parts thereof, by a single node. Therefore the Nodal method does not necessitate an 
important computing capacity but, on the other hand, it does not provide a detailed description 
of the indoor conditions. The application of such a model to ice rinks (or other large buildings 
without internal partitions such as supermarkets or gymnasia) can lead to very imprecise 
results because the mass fluxes between different parts of the inside volume are extremely 
difficult to estimate. 
On the other hand, the modeling of an ice rink for CFD calculations is very complex 
due firstly to their size and geometry, and secondly to the variety of the heat and mass transfer 
mechanisms which take place therein. Thus, the model must take into account heat transfer 
through the envelope and heat gains from the ground, air motion within the building due to 
forced and natural convection, vapour diffusion and condensation on the ice sheet, heat 
transfer by radiation between all internal surfaces, conduction in the ice and floor as well as 
heat generation by the lights, the resurfacing operations, the refrigeration system, etc. Hence, 
the literature review revealed few CFD studies for large buildings such as ice rinks. Jones and 
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Whittle (1992) described the status and capabilities of CFD for building air flow prediction 
while Jian and Chen (1995) as well as Yang et al. (2000) used a CFD code to evaluate air 
quality in large ventilated enclosures. However, these studies did not calculate heating and 
refrigeration loads and ignored the interaction between the indoor and outdoor environments. 
More recently Bellache et al. (2005a, 2005b) have carried out numerical simulations in 
2D and steady state conditions using a CFD code which predicts velocity, temperature and 
absolute humidity distributions in an indoor ice rink with ventilation and heating. The CFD 
code also calculates the heat fluxes toward the ice due to convection from the air, to 
condensation of vapour and to radiation from the walls and ceiling. However, these 
calculations did not take into account the contributions of ice resurfacing, system pump work 
and ground heat to the refrigeration load. 
This 2D CFD model was later improved by Bellache et al (2006) by including transient 
phenomena, heat transfer through the ground and energy gains from lights as well as the 
effects of resurfacing and dissipation of pump work in the coolant pipes. The ground at a 
depth of 2 m was assumed to have a constant temperature while the horizontal plane through 
the centers of the brine pipes was assumed to be an isothermal surface with temperature equal 
to the average of the supply and return brine temperatures. 
Ouzzane et al. (2006) contributed preliminary experimental measurements for a 
Canadian indoor ice rink which provide a better understanding of its thermal and energy 
behaviour. These measured values were also used for the verification and calibration of the 
numerical model developed by Bellache et al. (2006). The main drawback of the CFD 
approach is that it requires considerable computer memory and CPU time for the simulations. 
Thus, the transient 2D model by Bellache et al (2006) requires approximately 24 hours of 
calculations on a modern desktop computer to simulate the response of an ice rink over a 
period of one day. 
An alternative method to CFD, which requires less calculation time and computer 
memory, was developed by Daoud et al. (2006, 2007, 2008). It combines a zonal airflow 
model, a radiation model, a humidity transport and condensation model and takes into account 
resurfacing and occupation. This above ice model (AIM) predicts the heat fluxes through the 
envelope as well as the temperature and absolute humidity distributions for a 3D transient 
regime during an entire typical meteorological year. In particular it calculates the heat fluxes 
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into the ice sheet by convection, radiation and condensation. The temperature below the ice 
sheet was assumed uniform and constant. The results show a satisfactory agreement with 
corresponding measurements and CFD calculations. 
The present article describes a second part in the development of a global 3D transient 
model of an ice rink. The Below Ice Model (BIM) was developed using an implicit 
unidirectional electrical analogy, taking into account the secondary loop and brine movement 
and the heat gain from the ground (with changing meteorological conditions). The BIM was 
coupled successfully with the previously mentioned Above Ice Model (AIM). The combined 
model eliminates the assumption of constant temperature below the ice sheet used in AIM. 
Instead the temperature of the brine entering the pipes below the ice sheet must be specified. 
The combined model evaluates the return brine temperature, the total refrigeration load, the 
ice surface temperature, the heat gain from ground, as well as the energy consumption of the 
ventilation system and of the radiant heaters. Parametric studies were undertaken in order to 
evaluate the impact of the climate, brine inlet temperature, ice thickness and other parameters 
on the calculated results and their results are presented in the last part of the present paper. 
2.2 Description and Modeling 
2.2.1 Ice rink description 
Figures 2.1 and 2.2 show a schematic representation of the studied ice rink «Camilien 
Houde» located in Montreal (Canada). The building is 64.2 m long, 41.5 m wide and its height 
is 9.2 m. The ice surface is 61 m long, 25.9 m wide and is surrounded by a narrow corridor. 
The space above the stands is heated by 8 radiant heaters (22 kW x 8) which are controlled by 
a thermostat. Seven inlets supply a stream of ventilation air. Its flow rate is 4270 L/s except 
during resurfacing of the ice when it is increased to 10384 L/s to evacuate the combustion 
gases of the resurfacing vehicle. The air exits through 4 outlets on the walls. Heat gains from 
lighting are 10 W/m2 above the ice and 5 W/ m2 above the stands; those due to the presence of 
the audience are also taken into account while the number of spectators is specified according 
to a weekly schedule (Bellache et al. (2006), Daoud (2007)). The ice resurfacing takes place 
several times per day, lasts 12 minutes and is modeled as a 1mm film of hot water at 60 °C. Its 
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frequency, specified in the schedule mentioned above, is higher in the evenings and weekends. 
The stands, corridors and boards are also modeled in the AIM. 
The ground structure beneath the ice rink is represented in Figure 2.1 and comprises 
horizontal layers of ice (50 mm), concrete (150 mm), thermal insulation (100 mm), sand 
(200mm) and, finally, soil. The total depth of this structure included in the calculation domain 
is 4 m. 
41.5m 
i N 
Figure 2.1 Schematic section of the ice rink and the different layers under the ice 
(not to scale) 
• E 
Figure 2.2 Top view of the ice showing the different zones and the flow of the brine 
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The secondary coolant used to maintain the ice at the desired temperature is calcium 
chloride brine. It is supplied from a header located at the west end of the ice sheet and 
circulates in the concrete slab at a depth 57.5 mm below the ice surface within 74 uniformly 
distributed, four-pass polyethylene tubes (25 mm ID). The spacing between tubes is 87.5 mm. 
The main collector has an internal diameter of 150 mm. The flow rate of the pump is 28.5 L/s. 
An electrical heater of 8 kW is activated in the sand layer when the ground temperature 
at a depth of 4 m is below 4 °C to prevent freezing under the concrete slab which can cause 
damage to the underground structure and ice. 
2.2.2 Model of air movement and heat exchanges above the ice (AIM) 
The air movement and heat exchanges occurring in the rink above the ice surface are 
simulated using a 3D transient model with 64 zones (Daoud et al. (2006, 2007, 2008)). It 
consists of six coupled submodels solved with the "onion" method. The first submodel is the 
energy model which uses the Multizone Building Model (type 56) of TRNSYS (2000). It is 
based on two relations. The first one expresses energy conservation inside each thermal zone 
i: 
(MCP)I ^r = (icvAX + 5 > H . C P T J (2-1) 
j 
while the second expresses energy conservation for each internal surface in contact with the 
air in the building: 
qcd=qcv+qrd+qco„d+qrs (2-2) 
The conductive flux through the wall is evaluated using the transfer functions method 
while the convection flux between the wall surface and the air inside the building is calculated 
using a constant heat transfer coefficient (3 W/m2K). The radiation flux between internal 
surfaces of the building is provided by a submodel (radiative transfer submodel) based on the 
Gebhart method (Gebhart (1971)). The condensation flux is attributed to the ice surface when 
its temperature is below the dew point of the air above it. It is provided by a submodel 
(humidity transport submodel) which calculates the absolute humidity of the air in every 
thermal zone inside the building using the following conservation equation: 
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M 
air.i 
dco; 
dT = Z i Jrh i j(cD j-co i)+Wgi (2.3) 
Finally, qrs corresponds to the heat flux occurring when the resurfacing operation 
deposits approximately 0.5 m3 of water at 60 °C on the ice surface. It is calculated using the 
equation recommended by ASHRAE (2002). 
The airflow my between thermal zones used in equation 2.1 is provided by the zonal 
airflow submodel. The formulation used expresses the mass flow crossing the common 
surface between two zones i and j in terms of their pressure difference. Thus, in the case of a 
vertical interface 
i 
m-^ s ^ C d - V ^ - A , . ^ - ^ 
While in the case of a horizontal interface 
(2.4) 
m y =E | J -Cd-V2pT- Ay Pj -P, -^(p igh i +pjghj (2.5) 
The coefficient 8y is equal to +1 when flow is from zone i to zone j and equal to -1 for flow 
from zone j to zone i. 
External air Cooling and 
Reheating unit 
Heating and 
humidification 
unit 
Ice rink 
Figure 2.3 Schematic representation of the ventilation system 
A new submodel not described in our previous publications Daoud et al. (2006, 2008). 
is used to simulate the behaviour of the ventilation system. It consists of two units (see figure 
2.3). The first one is used for cooling, dehumidifying and reheating the external air when its 
temperature is above 23 °C while the second unit is for heating and humidifying it when its 
temperature is below 15 °C. When the temperature of the entering air is between 23 and 15 °C 
none of the units is in operation unless the humidity level is too high or too low. The humidity 
controls are such that the relative humidity of the air entering the ice rink is maintained 
between 20% and 33%. The equations modeling the operation of these two units are the mass 
and energy conservation equations for a gas-vapour mixture in a steady state, steady flow 
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process. It should be noted that the results presented here assume that only outdoor air is 
handled by the ventilation system (no recirculation). 
The final submodel evaluates the ventilation effectiveness by calculating the age of the 
air in every zone of the ice rink. 
The data exchange between these six submodels is represented in figure 2.4. It takes 
place several times at every timestep until the outputs of each submodel vary by less than 10"3. 
Figure 2.4 Information flow in the Above-Ice Model (AIM) 
2.2.3 Below ice modeling (BIM) 
The modeling of the ice rink ground structure shown in figures 2.1 and 2.2 is of a 
substantial nature. Indeed, the concrete slab is one of the most important parts of an ice rink. It 
forms and maintains the ice by removing heat from it, using a secondary coolant (brine) 
circulating in the embedded network of pipes. 
The BIM is based on the transient one-dimensional conduction equation and the 
electrical circuit analogy. For that, the ice surface is divided in 8 equal square surfaces (1 to 
8) shown in figure 2.2, which correspond to those used by the zonal submodel of the AIM. 
Each of these surfaces is subdivided into two parts (A and B). The brine flows from west to 
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east under part A of the eight surfaces and in the opposite direction under part B (see figure 
2.2). Thus, the brine enters at 1A or 2A with a constant temperature Tb;jn and exits at IB or 2B 
with a temperature Tbj0ut which is not the same for the North and South brine loops. 
Heat transfer between the tubes is neglected since the brine temperature increases by 
less than 2 °C between inlet and outlet. This justifies the hypothesis of one-dimensional 
vertical heat transfer between the different layers of the ground structure. However, the BIM 
takes into consideration heat exchanges between the horizontal layers and the outdoor or the 
indoor appropriate ground surface as explained below. Therefore, it takes into account three-
dimensional phenomena. 
Qout2 
Qout3 
TlB.n ^ 
(Brine, rhR) 
Q, out4 
0. 6ut5 
\Qout6 
> TB,o 
Figure 2.5 Thermal circuit model for below ice structure 
(1A, IB ...etc identify zones in figure 2.2) 
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Figure 2.5 shows the equivalent electrical circuit under one half of the ice. At each of 
the 16 subdivisions of the ice surface shown in figure 2.2 the heat flux calculated by AIM 
enters the ice at node 1. The electrical heating in the sand layer is added to nodes 5 and 6. The 
temperature of node 7 is considered as given by the following correlation based on the deep 
soil (4 m) temperature data for Montreal (EnergyPlus). 
-9 + 3 T7 = 3 . 3 4 - 4 . 7 8 - K r t - 1 . 9 7 - l ( T t 2 + 1 . 1 5 - l ( r t 
-2.66-10"13t4 +2.15-10_17t5 -5.9M(T2 2 t6 
(2.6) 
Where t is in hours. 
The heat exchanges between the horizontal layers and the outdoor or indoor ground 
surface are added at nodes 2 to 6. They are evaluated using the ASHRAE method (ASHRAE 
2005) and are divided in two halves attributed to the circuits under parts A and B. This 
method uses the formula: 
O = U • S • (T - T V 
V node node node V o node/ 
(2.7) 
Where the below-grade average U-factor is given by: 
'-'node — 
2-k soil 
71(Z2-Z,) I 
l n f z , + 2 i^ 
7C 
•In 
J 
z, + 
2-ksoil-R 
71 
(2.8) 
For nodes 4, 5 and 6 on the north, east and west sides of the ice rink T0 is the 
temperature of the ground surface outside the ice rink. It is calculated at each time step by the 
following correlation based on the surface soil temperature data for Montreal (EnergyPlus): 
- 6 + 2 
• 2.02 • 10-1314 +2.42- 10"" ts -7.93-10~22t6 
10 + 3 T^ = -2.56 -1.31 • 1021 - 6.88 • 10"° t^  -1.79 • 10~,u t (2.9) 
where t is in hours. 
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On the south side T0 is taken as constant (equal to the temperature in the changing 
rooms). On the three other sides, for nodes 2, 3 and 4, T0 is taken as the temperature of the 
concrete surface in the corridors surrounding the ice surface which is calculated by the AIM. 
The brine enters each subdivision and absorbs the heat coming from nodes 2 and 4. Its 
temperature therefore increases and it enters the next subdivision where the process is 
repeated. Each of the 16 subdivisions (parts A and B of surfaces 1 to 8 in figure 2.2) is 
modeled in the same manner and only the entering brine temperature and the lateral heat 
exchanges calculated by Eq. 2.7 vary from one to another. Thus there are 7 unknown 
temperatures under each of the 16 subdivisions (at nodes 1 to 6 and at the brine outlet) or 118 
unknown temperatures altogether. 
The implicit discretisation of the transient energy balance for each node under each 
subdivision leads to a system of linear equations which can be represented by the matrix 
equation 
A T = B (2.10) 
where T is the vector of the seven unknown temperatures. The expressions of the 7x7 matrix 
A and of the vector B are given in the appendix. 
This system of linear equations is solved by inversing matrix A since this direct 
method is suitable for small-size systems. The solution starts under surface 1A and then 
continues to 3A, 5A etc. following the direction of flow. The temperature of all the nodes is 
thus obtained for each of the 16 subdivisions. Then, the temperature of each level below the 
ice is obtained by averaging the 16 corresponding node temperatures. The final outlet 
temperature of the brine is calculated by assuming that the two streams from 1B and 2B are 
mixed adiabatically. The heat rates from the ice to the brine and from the soil to the brine are 
also evaluated and therefore the total refrigeration load is calculated. A FORTRAN subroutine 
of this model was incorporated as a new type in TRNSYS (2000). 
2.2.4 Coupling of the AIM and BIM 
The coupling of the BIM with the AIM was realised using the «Onion» method. Figure 
6 shows a schematic representation of the coupling method. During one time step, the BIM 
calculates the temperature T2 between the ice and the concrete for each of the 8 zones. It 
provides them as inputs to the AIM in which they are used as boundary conditions. This 
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model calculates the 8 total heat fluxes towards the ice and returns them as inputs to the BIM. 
Several such data exchanges take place until outputs of each model vary by less than 10" . 
Then time is incremented and this procedure is repeated. 
Inputs + 
f Above-Ice Model 
^ (AIM) 
Outputs . \ . 
T2 
) ( 
Qice 
N^Outputs 
' Below-Ice Model >> 
. (BIM) ) 
y* Inputs 
Figure 2.6 Schematic representation of the Onion coupling between AIM and BIM 
For the simulations performed in the present project hourly average weather data for a 
typical meteorological year (temperatures of the air and the ground at 0 m and 4 m depth as 
well as solar radiation (EnergyPlus)) is used. In order to ensure the periodicity of the results 
(values at the end of the 365th day must be identical to those at the beginning of the first one) 
we carried out simulations over 17 months by repeating the meteorological data for January to 
May and did not consider the results of the initial five months to be sure that the effects of the 
arbitrary initial values are eliminated. 
The choice of time step is based on four considerations. The first is that TRNSYS 
accepts only time steps of the form 1/N where N is an integer. The second is the duration of 
resurfacing (12 minutes) which means that the time step should not exceed 0.2 hours. The 
third is the need to minimize the time required for the calculation of the results over the 17 
month period which implies that the time step must be large. Finally, a small time step is 
necessary to capture more transient details. As a compromise between these considerations we 
have opted for a time step equal to 0.1 hours. With this choice the entire yearly simulation 
requires about 80 hours on a personal computer (with an Intel Core 2 Duo 6400 2.13 GHz 
processor and 2 Go of RAM). This is a considerable improvement over an equivalent CFD 
two-dimensional simulation which requires 24 hours to calculate the results for a single day 
(Bellache et al. 2006) 
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2.3 Model validation 
The AIM was successfully validated in previous studies (Daoud et al. (2006, 2007, 2008)) 
The predictions of the more complete numerical model presented here are validated by 
comparison with measurements recorded in the Camilien Houde ice rink over relatively short 
periods in 2005 and 2006 (Ouzzane et al. (2006)). Table 2.1 presents such a comparison of the 
measured and calculated brine outlet temperature and ice surface temperature. Measured 
values are the averages of recorded temperatures while calculated values are monthly averages 
for the typical meteorological year. Although these conditions are not identical, the small 
seasonal variation of these results makes this comparison acceptable. The agreement between 
measured and calculated values of these temperatures shows that the proposed model predicts 
satisfactorily these values. The maximum relative difference is less than 10%, which is 
acceptable since the simulations did not take into account the refrigeration system which 
regulates the inlet brine temperature. This difference is principally due to the boundary 
condition used for the simulation (constant brine inlet temperature Tb,in= -9°C) and to 
imprecision of the measurements. 
Table 2.1 Comparison between measured and calculated temperatures 
Return brine temperature (°C) 
Ice surface temperature (°C) 
Measured 
-7.3 
From -5.5 to -6.3 
Calculated 
From-7.8 to -8.0 
From -5.2 to -6.0 
Similar agreement has also been established between the measured and calculated values 
of the heat flux into the ice. The former was obtained by integrating the readings of four heat 
flux sensors installed under the ice sheet. The corresponding daily mean values for October 1, 
2005 are: 94.9 W/m2, 56.6 W/m2, 90.6 W/m2 and 113.0 W/m2 (Ouzzane et al. (2006)). 
Disregarding the second sensor which gives significantly lower values than the other three, the 
mean value of the experimentally measured heat flux is 99.5 W/m . On the other hand, the 
model predicts an average total heat flux of 108 W/m2 for October which is about 8 % higher 
than the measurements. In view of the fact that these values do not correspond to identical 
climate conditions, their agreement is judged to be acceptable. 
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In view of these results we consider that the proposed model can be used with 
confidence for the calculation of typical yearly refrigeration loads and for parametric studies 
which aim to establish the effect of design and operation conditions on these loads. 
2.4 Parametric analysis 
The analysis in this section starts from a "base case scenario" which corresponds to 
meteorological conditions for a typical year in Montreal (lat. N 45°47', long. W 73°75'), a 
constant brine inlet temperature to the slab equal to -9 °C, an ice thickness of 5.08 cm, an 
under slab insulation thickness equal to 10 cm, a setpoint of 15 °C with a nocturnal set back of 
7 °C and an hysteresis of ±0.2 °C for the electronic thermostat, while the underground heating 
(8 kW) is in operation when the ground temperature at a depth of a 4 m is below 4 °C. The 
results of this transient simulation are compared with corresponding results obtained by 
varying the parameters defining the base case scenario one at a time. 
2.4.1 Effects of the climate 
Results have been calculated for typical meteorological years for the cities of 
Edmonton (lat.N 53°31', long. W 114°5'), Houston (lat. N 29°58', long. W 95°22') and 
Pittsburgh (lat. N 40°30', long. W 80° 13'). They are compared with those for the base case at 
Montreal. As indicated by the values in Table 2.2 these climatic conditions vary from very 
warm and humid during the summer in Houston to very cold and dry in winter in Edmonton. 
Table 2.2 Comparison of climatic conditions in the cities under consideration 
Edmonton 
Houston 
Montreal 
Pittsburgh 
Heating Dry Bulb 
(99 %) 
-30.5°C 
-0.4°C 
-21.8°C 
-14.1°C 
Cooling Dry Bulb 
(2%) 
24.0°C 
33.5°C 
25.8°C 
28.7°C 
Mean Coincident 
Wet Bulb 
15.7°C 
24.9°C 
19.5°C 
20.6°C 
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Figure 2.7 Effect of the climate on the cooling and reheating energy consumption 
of the ventilation system 
Figures 2.7 and 2.8 illustrate the effects of the climate on the average daily energy 
consumption of the ventilation system which, as mentioned before, is constituted of two units 
(cf. figure 2.3). In particular, figure 2.7 shows that the energy consumption of the first unit, 
which dehumidifies the ventilation air by cooling and reheating it, is greatest for Houston 
where it is significant throughout the year. On the other hand, for the other three cities this 
quantity is essentially zero during the winter months but becomes important during the 
summer. The seasonal variation of this quantity as well as its relative magnitude between the 
four cities under consideration is consistent with the meteorological data of table 2.2. 
The same is true for the results in figure 2.8 which shows the energy consumption of 
the second unit of the ventilation system. This one heats and humidifies the incoming 
ventilation air and is therefore high in winter and essentially zero in summer, largest for 
Edmonton and lowest for Houston. It is interesting to note that the peak energy consumption 
for cooling-reheating is for every city higher than the one for heating-humidification. 
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Figure 2.8 Effect of the climate on the heating and humidification energy consumption 
of the ventilation system 
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Figure 2.9 Effect of the climate on the annual energy consumption of the ventilation 
system 
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The predicted total annual energy consumption of the ventilation system for 
Edmonton, Houston, Montreal and Pittsburgh is 1278 MWh, 4033 MWh, 1435 MWh and 
2228 MWh respectively. The distribution of this total among the four processes is shown in 
figure 2.9. Cooling uses the largest part in Houston, Pittsburgh and, surprisingly, Montreal 
while in Edmonton the largest part is used for heating. Humidification requires a very small 
part of the total energy consumption in all cases. 
The impact of the climate on the temperature of the ice surface (1ST) is quite small (~ 
1 °C) since this variable is essentially determined by the temperature of the brine which for 
these simulations is the same throughout the year for all four cities. Therefore the values of 
1ST are not presented here. However, it should be noted that these values are somewhat 
influenced by the temperature of the air above the ice which depends on whether the radiant 
heating is on and whether the ventilation air is heated or cooled. Thus the 1ST for all cities is 
slightly higher in winter, when heating is required, than in summer, when the ventilation air 
requires cooling. Similarly, the 1ST during the summer is a little bit higher in Edmonton than 
in Houston since the former city requires much less cooling of the ventilation air and 
necessitates heating of the stands as shown in figure 2.10. This last Figure also shows that the 
radiant heating of the stands exhibits the expected seasonal behaviour, that it is significantly 
smaller in Houston and quite important in Edmonton even during the summer. It should be 
noted that the daily energy consumption of the radiant heaters is for all cities significantly 
lower than the corresponding values of the ventilation system (sum of consumption shown in 
figures 2.7 and 2.8). 
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Figure 2.11 shows the influence of the climate on the refrigeration load, i.e. on the sum 
of the heat reaching the brine from the ice and from the ground. This quantity is greatest for 
Houston where the seasonal variation is also the least pronounced. This result is consistent 
with the climatic conditions which signify that the envelope and indoor air are warmer in 
Houston and that, therefore, heat fluxes towards the ice by both radiation and convection are 
also higher in this city. Furthermore, because the humidity is higher in Houston the 
corresponding heat flux due to condensation of water vapour on the ice is also higher in this 
city. The combination of all these effects explains the results shown in this figure. 
Table 2.3 Annual energy consumption of different systems and annual refrigeration load 
for each city (MWh) 
Edmonton 
Houston 
Montreal 
Pittsburgh 
Annual 
refrigeration 
load 
1023 
1110 
979 
1018 
Annual energy consumption of different systems 
Ventilation 
system 
1278 
4033 
1435 
2228 
Radiant 
heating 
133 
30 
86 
74 
Underground 
heating 
40.4 
0 
30.1 
0 
Lighting 
148.7 
148.7 
148.7 
148.7 
Brine 
pump 
98.1 
98.1 
98.1 
98.1 
Total 
1698.2 
4309.8 
1797.9 
2548.8 
Table 2.3 compares the annual refrigeration load and the corresponding energy 
consumption of the different systems for each city. It confirms the fact that the refrigeration 
load is greatest for Houston and shows that this quantity is always smaller than the energy 
consumption by the ventilation system. It is important to note that the refrigeration load does 
not vary significantly (less than 7.5% of the average value) between these four locations 
despite their very different climates. This is attributed to the fact that the indoor conditions are 
quite similar due to the controls on the ventilation system and the radiant heaters. However, it 
is expected that the energy consumption of the refrigeration system will be higher in locations 
with warm climates since the condensation temperature and pressure will be higher than in 
locations with cold climates. 
Table 2.3 also shows that the energy consumed by the lights and the brine pump does 
not depend on the climate in accordance with the modeling assumptions. Lighting consumes 
more energy than the radiant heaters for each of the four locations under consideration while 
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the same is true for the energy used by the brine pump in three of the four cities. The greatest 
and smallest contributors to the total energy consumption are the ventilation system and the 
underground heater respectively for each of the four cities under consideration. Finally, the 
total annual energy consumption is highest, by a considerable margin, in Houston (where 
summer operation requires considerable quantities of energy for cooling and 
dehumidification) and lowest in Edmonton. 
Table 2.4 Monthly underground electrical heating for each city (MWh) 
Edmonton 
Montreal 
Pittsburgh 
Houston 
Jan 
5.8 
5.8 
Off 
Off 
Feb 
5.8 
5.8 
Off 
Off 
Mar 
5.8 
5.8 
Off 
Off 
Apr 
5.8 
5.8 
Off 
Off 
May 
5.8 
4.8 
Off 
Off 
Jun 
3.9 
Off 
Off 
Off 
Jul 
Off 
Off 
Off 
Off 
Aug 
Off 
Off 
Off 
Off 
Sep 
Off 
Off 
Off 
Off 
Oct 
Off 
Off 
Off 
Off 
Nov 
1.7 
Off 
Off 
Off 
Dec 
5.8 
2.1 
Off 
Off 
Table 2.4 shows the energy consumption by the underground heater which is activated 
to avoid freezing and heaving of the ground under the concrete slab. Its operation is not at all 
necessary in the case of the warmer climates (Houston and Pittsburgh) while in Edmonton and 
Montreal it is in operation for approximately 7 and 5 months respectively. 
2.4.2 Effects of the hysteresis of the thermostat 
The influence of this parameter is established by comparing the results for an 
electronic thermostat with a hysteresis of ±0.2 °C with those for a conventional bimetallic 
thermostat with a hysteresis of ±1.5 °C. The set point is 15 °C in both cases. 
Figure 2.12 shows that the refrigeration load is always higher in the case of the 
electronic thermostat. The difference varies from approximately 125 kWh/day in summer to 
200 kWh/day in winter. This result can be explained by the fact that the radiant heating is 
turned on more frequently with an electronic thermostat in order to maintain the temperature 
in the zone occupied by the spectators at (15 ± 0.2) °C; therefore the corresponding average 
air and envelope temperatures are slightly higher and result in increased convective and 
radiative fluxes towards the ice. However, the energy savings associated with the conventional 
thermostat are achieved at the expense of the spectators comfort since in that case the air 
temperature above the stands oscillates between 13.5 °C and 16.5 °C. The smaller difference 
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in summer energy consumption between the two cases under consideration is due to the fact 
that the radiant heating load is greatly reduced during these warm months. 
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Figure 2.12 Effect of the thermostat hysteresis on the refrigeration load 
It should also be noted that the type of thermostat influences the ice temperature, i.e. 
its quality. Thus the temperature of the ice surface is higher for the base case (electronic 
thermostat) by approximately 0.25 °C in winter and 0.15 °C in summer. 
2.4.3 Effect of the nocturnal set back 
Two cases are compared in this section. The first one is the base case in which the 
thermostat controlling the radiant heating elements is set to 15 °C during the day and 7 °C 
during the unoccupied night hours, while in second case the thermostat is set to 15 °C 
throughout the day. 
Figure 2.13 shows that the use of a thermostat with nocturnal set back (base case) 
reduces the refrigeration load. However, this reduction is very small (it varies from 25 
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kWh/day during the winter to 50kWh/day during the summer). It is due to the decrease of the 
operation time of the radiant heating elements and the corresponding reduction of the air and 
envelope temperatures which in turn lower the convective and radiative fluxes towards the ice. 
The corresponding effect on the 1ST is insignificant (reduction of 0.1 °C when nocturnal set 
back is used) since these flux reductions are small compared to their respective values. 
Finally, it is important to note that the heat flux from the ground to the brine is totally 
unaffected by the use, or not, of the nocturnal set back since the conditions below the concrete 
slab are independent of those prevailing within the ice rink. 
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Figure 2.13 Effect of the nocturnal set back on the refrigeration load 
2.3.4 Effect of the brine inlet temperature 
Three different constant brine inlet temperature were used for this study (Tb,in = -8, -9 
and -10 °C). Figure 2.14 shows that the refrigeration load increases when the inlet brine 
temperature decreases. The increase is about 100 kWh/day for each decrease of Tb,in by 1 °C. 
This behaviour is qualitatively logical since the brine acts as a heat sink while the conditions 
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of the heat sources above and below the concrete slab remain the same for these three 
simulations. 
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Figure 2.14 Effect of the brine inlet temperature on the refrigeration load 
A ±1 °C increase or decrease of the inlet brine temperature causes respectively an 
augmentation or diminution of ±0.8 °C of the ice surface temperature, for all months of the 
year. An analogous observation can be made for the outlet brine temperature which increases 
or decreases by the same amount as the inlet brine temperature. 
2.4.5 Effect of the ice thickness 
Figure 2.15 shows that the refrigeration load decreases slightly with the increase of the 
ice thickness. It is reduced by 8 to 10 % when the ice thickness triples (from 2.54 to 7.62cm). 
This is due to the corresponding increase of the thermal resistance of the ice sheet which also 
causes a small increase of the 1ST (ice surface temperature). The increase of the latter is 
greater in summer due to the augmentation of the convection and radiation fluxes during this 
warm season. 
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Figure 2.15 Effect of the ice thickness on the refrigeration load 
Furthermore, tables 2.5 and 2.6 show that, when the ice thickness is increased by 5 cm, 
the temperature difference between the ice surface and the brine increases by 14% (from 2.8 
°C to 3.26 °C) for the month of January and by 18% (from 3.54 °C to 4.17 °C) for the month 
of July. These results should not be generalised. They have been calculated by fixing the brine 
inlet temperature and do not necessarily apply to other control strategies (such as, for 
example, cases where the ice surface temperature is kept constant). 
Table 2.5 Effect of the ice thickness on the temperatures of the ice and the brine (Jan) 
Ice thickness (cm) 
2.54 
5.08 
7.62 
Temperatures (°C) (January) 
Ice surface 
-6.20 
-5.97 
-5.74 
Brine (inlet) 
-9.0 
-9.0 
-9.0 
Difference 
2.8 
3.03 
3.26 
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Table 2.6 Effect of the ice thickness on the temperatures of the ice and the brine (Jul) 
Ice thickness (cm) 
2.54 
5.08 
7.62 
Temperatures (°C) (July) 
Ice surface 
-5.46 
-5.13 ' 
-4.83 
Brine (inlet) 
-9.0 
-9.0 
-9.0 
Difference 
3.54 
3.87 
4.17 
2.4.6 Effect of the insulation thickness 
Figure 2.16 shows that an increase of the underground insulation thickness from 10 cm 
to 30 cm reduces the heat rate transferred to the brine pipes from the soil by approximately 
25% for all months of the year. It should also be noted that the change of insulation thickness 
has an insgnificant effect on the heat rate from the ice to the brine pipes. However, the effect 
of this reduction of the heat rate from the soil on the total refrigeration load is not significant 
since the former is less than 10% of the latter (cf. figure 2.15). The most important impact of 
added underground insulation is to reduce the risk of freezing under the concrete slab which 
can cause heaving and damage to the ice. Figure 2.17 which shows the average temperature of 
node 5 situated at the sand-insulation interface clearly illustrates this effect. Furthermore, as 
this insulation thickness is increased the energy consumption of the electrical element in the 
sand can be reduced without increasing the danger of freezing. 
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2.5 Non-linear correlations of energy loads 
This section presents four correlations between the monthly mean value of the energy 
consumption (in kWh/day) of the different processes taking place in the ventilation system 
and the corresponding sol-air temperature (in °C) calculated with the expression and 
parameters proposed by ASHRAE (2001). They are based on numerous simulations carried 
out at the four selected cities (Montreal, Edmonton, Houston and Pittsburgh). 
Cooling load correlation: 
QCool = 283.96 + 189.1-TSol_Air + 4 . 8 5 - ^ (2.14a) 
Reheating load correlation: 
QReheat= 8.63 + 1 9 2 . 5 8 - T s ^ - 2 . 2 1 7 - T ^ (2.14b) 
Heating load correlation: 
QHeat =1943.1-140.23TSol_Air + 1 . 8 9 - 1 ^ (2.14c) 
Humidification load correlation : 
Q H - I = 44.9-10.95 - T ^ + 0.79 • T ^ (2.14d) 
Figures 2.18 and 2.19 show that these fairly simple correlations agree quite well with 
the calculated values. These results also show that the energy consumption by the heating and 
cooling processes depend heavily on Tsoi-Air while those by the reheat and, in particular, 
humidification processes are less dependent on this parameter. 
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2.6 Conclusion 
A transient model which calculates heat transfer through the ground towards the brine 
pipes imbedded in the concrete slab under the ice of an indoor ice rink has been formulated 
and coupled with a previously developed one which calculates heat fluxes in the building by 
convection, radiation and phase changes. The resulting simulation tool has been enriched with 
subroutines which calculate the energy consumption for heating and humidifying, or cooling 
and reheating, the ventilation air. After validation with experimental results, this tool was used 
to evaluate the refrigeration load as well as the energy consumed by the radiant heaters of the 
stands, each process of the ventilation system,, the lights, the brine pump and the underground 
electric heater over a typical year at four North American locations (Edmonton, Houston, 
Montreal, Pittsburgh) with very different meteorological conditions. The results of this 
analysis show that: 
- The annual refrigeration load does not vary significantly (less than ± 7.5 % from the mean 
value) between these four locations despite their very different climates. 
The annual energy consumption by the ventilation system is significantly influenced by 
the meteorological conditions; it is highest in hot and humid locations and is always 
greater than the corresponding refrigeration load. 
- The annual energy consumptions by the radiant heaters and by the underground electric 
heater are very small compared to the refrigeration load even in the coldest of the four 
cities under consideration. 
The main results of the other parametric studies are the following: 
- The use of an electronic thermostat with a low hysterisis (± 0.2 °C) rather than a bimetallic 
one with a high hysteresis (± 1.5 °C) increases the refrigeration load by more than 10 % if 
the same set point is used in both cases; however the energy savings associated with the 
bimetallic thermostat are achieved at the expense of the spectator's comfort. 
The use of a thermostat with nocturnal set back results in a small reduction of the 
refrigeration load. 
A reduction of the brine temperature causes an increase of the refrigeration load and an 
almost equal reduction of the ice surface temperature. 
- An increase of the ice thickness causes a decrease of both the refrigeration load and the ice 
surface temperature. 
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- An increase of the underground insulation thickness causes a slight decrease of the 
refrigeration load and reduces significantly the danger of ground freezing and heaving. 
Finally, four correlations expressing the energy consumptions for heating and 
humidifying, or cooling and reheating, the ventilation air in terms of the sol-air temperature 
have been proposed. 
Appendix 
The expressions of the 7x7 matrix A and of the vectors B and T in Eq. 2.10 are: 
A = 
A(\,\) 
yRice 
0 
0 
0 
0 
. 0 
-VRIce 
A(2,2) 
l/*cl 
0 
0 
0 
0 
0 
V*cl 
^(3,3) 
l/*c2 
0 
0 
2 
0 
0 
V*c2 
^4(4,4) 
y^ins 
0 
0 
0 
0 
0 
VRlns 
A(5,5) 
VRScmd 
0 
0 
0 
0 
0 
\lRSand 
A{6fi) 
0 
0 
0 
- rhB • CPB 
0 
0 
0 
-1 
(A.1) 
B = 
efe+((M'Cp)e„/4r 
-l.U^S2-Tv-iM-Cp)^ltst)-Ti 
-mB -CpB .T,n -LU, -S3 -^-((M-Cpl^/AtyTf 
-l.UfSt-Tr-iM.Cp^/Ati-T' 
~QH -J-US -S5 •Tgr-((M-Cp)eil5/At)-T>' 
QH -±U6 -S.-T^ -((M-Cp)eq6/At)-T6r -(l/RsJ-T, 
(A.2) 
And 1
 ~Y\ i2 23 J4 J 5 I6 1Out ) (A.3) 
Here the coefficients in Eq. Al are 
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A(l,\)=\{M-Cp)eql/At)+l/RIce 
A(2,2) = ~(l/Rlce + V*Cl + \-U2-S2 + ({M- Cp)eq2/At)j 
.4(3,3) = -(l/*ci + \IRC2 + \-U3-S3 + ({M- Cp)eq3/Atj 
.4(4,4) = -(l/RIm + 1/Rc2 + f t/4 -54 + ((M • Q4g4/A?)) (A.4) 
A5,5) = -( l / i? s w +l/i?/m + f t/5 -55 +((A/.CJp)eg5/A/)) 
,4(6,6) = -(\/RSoiI + \/RSand + f I/6 • 56 + ((M • OO^/A/)) 
And the equivalent thermal capacity in Eqs. A2 and A4 is calculated as follows: 
iMCp\qi=YMice'Cp'" 
Wcp\q2=~MIce-CPke+\-McvCPc 
{MCp\q,=YMB-CpB 
(M-Cp\q,=YMC2CPc^MIns-CPim 
(M -CP l?5 = 1 ' M>™ " Cp-n, + ^ • MSa»d • Q w 
( M • Cp\q6 = 2"' MSmd ' ^  + I ' MSOi' ' C ^ " 
(A.5a) 
(A.5b) 
(A.5c) 
(A.5d) 
(A.5e) 
(A.5f) 
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Resume: 
Dans ce chapitre, un modele en regime quasi-permanent pour un systeme de 
refrigeration s'inspirant de celui de 1'arena Camilien Houde de Montreal a ete developpe sur 
la base d'une combinaison de relations thermodynamiques, de correlations de transfert de 
chaleur et de relations elaborees a partir de donnees disponibles dans le catalogue du 
manufacturier. 
Le systeme etudie comprend cinq compresseurs, cinq condenseurs a air, cinq vannes 
de detente et 2 evaporateurs de type « tubes et calendre ». Le refrigerant principal est le R-22 
et le fluide secondaire est la saumure qui sort du systeme a une temperature de consigne 
d'environ -9 ° C. Le modele a ete valide par comparaison avec des valeurs mesurees et des 
donnees du catalogue du manufacturier. 
II a ensuite ete utilise pour simuler la performance du systeme de refrigeration sur une 
annee meteorologique typique. Les resultats pour une journee representative incluent 
notamment, le nombre de compresseurs en fonctionnement a tout moment, leur 
consommation d'energie, le COP du cycle et du systeme, ainsi que la chaleur rejetee par les 
condenseurs et les debits massique de l'air de refroidissement. lis montrent que la pression 
d'evaporation est essentiellement constante tandis que la pression de condensation varie 
d'environ 1600 a 2000 kPa. Le COP du systeme quant a lui varie entre 1,9 et 2,5. Les resultats 
sur une annee montrent que la chaleur rejetee lors du changement de phase dans les 
condenseurs est environ quatre fois plus grande que celle rejetee lors de la desurchauffe et 
aussi mettent en evidence l'interet de la recuperation de la chaleur de ces deux processus. 
Enfin, le modele est utilise pour illustrer les avantages d'une strategic de controle qui 
limite le nombre maximum de compresseurs fonctionnant simultanement a quatre, au lieu de 
cinq, lors des frequentes operations de resurfacage de la glace. Cette strategic se traduit par 
une diminution de 10% de l'energie utilisee par les moteurs de compresseurs et de 20% de 
diminution de la demande de la puissance de pointe. Mais en contre partie durant ces courtes 
periodes, la temperature de la saumure augmente a la sortie des evaporateurs d'environ 0,5° C. 
Mots cles : Systeme de refrigeration; echangeurs de chaleurs, Arena; Charges thermiques; 
Efficacite energetique. 
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Abstract 
A quasi-steady model for the refrigeration system of an indoor ice rink was developed 
based on a combination of thermodynamic relations, heat transfer correlations and data 
available in the manufacturer's catalogue. The system includes five compressors, rejects heat 
to the ambient air and uses R-22 to keep a stream of brine at a temperature of approximately -
9°C. The model has been validated by comparison with measured values and with data from 
the manufacturer's catalogue. It was then used to simulate its performance over a typical 
meteorological year. Results for a representative day include the number of compressors in 
operation at any given moment, their power consumption, the COP of the cycle and of the 
system, as well as the heat rejected by the condensers and the corresponding mass flow rate of 
the cooling air. They show that the evaporation pressure is essentially constant while the 
condensation pressure varies from about 1600 to 2000 kPa. The COP of the system varies 
between 1.9 and 2.5. Results for the entire year show that the heat rejected during phase 
change is approximately four times that due to desuperheating and demonstrates the interest of 
recovering heat from both processes. Finally, the model is used to illustrate the advantages of 
a control strategy which limits the maximum number of simultaneously operating compressors 
to four. This strategy results in a 10% decrease of the energy used by the compressor motors 
and a 20% decrease of the peak power demand but increases the temperature of the brine at 
the exit from the chillers by approximately 0.5°C during short periods following the ice 
resurfacing operations. 
Keywords: Refrigeration system; Heat exchangers; Ice rink; Thermal load; Energy efficiency. 
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Nomenclature 
A 
Ac 
C 
CF 
Cp 
D 
Dh 
Dc 
f 
G 
Gz 
h 
i 
k 
L 
m 
n 
Nc 
iVfan 
JVR 
Nu 
P 
PD 
Pr 
P, 
QR 
e; 
Re 
Rf 
Surface (m2) 
Net cross sectional free-flow area (m ) 
Clearance 
Correction factor 
Specific heat (kJ/kg.K) 
Tube diameter (m) 
Hydraulic diameter (Dh = 4 • Ac/Pw ) (m) 
Fin collar outside diameter (m) 
Friction factor 
Mass velocity [Nfan-mair/Ac) (kg/m2.s) 
Graetz number (Re Pr Dh/ L) 
Heat transfer coefficient (W/m2.K) 
Specific enthalpy (kJ/kg) 
Thermal conductivity (W/m.K) 
Length of condenser tubes (m) 
Mass flowrate (kg/s) 
Polytropic exponent 
Number of compressors in operation 
Number of fans in operation 
Number of tube rows in condenser 
Nusselt number 
Pressure (Pa) 
• 1 
Piston displacement (m /s) 
Prandtl number 
Total wetted perimeter (m) 
Refrigeration load (kW) 
Refrigeration load per compressor (kW) 
Reynolds number 
fouling resistance (m .K/W) 
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s 
T 
t 
U 
V 
W 
X 
Space between fins (m) 
Temperature (°C, K) 
Time (s or hrs) 
Overall heat transfer coefficient (W/m .K) 
Specific volume (m /kg) 
Power (kW) 
Quality 
Subscript and Abbreviations 
1,1', 2, 2', 
2p 
b 
c 
cd 
des 
ev 
i 
in 
liq 
LMTD 
m 
0 
out 
P 
R 
sat 
sub 
sup 
t 
V 
, 3 ' , 3,4 see figure 2 
Two phase region 
Brine (side of evaporator) 
Compressor 
Condenser 
Desuperheating 
Evaporator 
Inside 
Inlet 
Liquid 
Logarithmic mean temperature difference 
compressor motor 
Outside 
Outlet 
Polytropic 
Refrigerant 
Saturation 
Subcooling 
Superheating 
Tube 
volumetric 
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Greek letters 
A Difference 
tj0 Overall surface fins efficiency 
7voi Volumetric efficiency 
ju Dynamic viscosity (Pa.s) 
p Density (kg/m ) 
\// Dimensionless number 
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3.1 Introduction 
Indoor ice rinks use large quantities of energy and contribute significantly to the 
increase of greenhouse gases in the atmosphere. A study by Lavoie et al. (2000) estimated that 
the potential for the reduction of energy consumption and GHG emission for a typical ice rink 
in Quebec, Canada are 620 MWh/year and 146 tonnes/year (in CO2 equivalent) respectively. 
There are several thousand such ice rinks in North America and an important fraction of these 
potential reductions can be obtained by improving their refrigeration system and its 
integration with the HVAC system of the building. Therefore the present study was 
undertaken in order to develop a reliable model for such systems which will then be used to 
evaluate different strategies for the reduction of energy consumption and GHG emissions. 
Two main types of models for refrigeration systems can be found in the literature: the 
Curve Fitting Model and the Fundamental Model. In the first case the model uses data for 
each component of the refrigeration system provided in the manufacturer catalogue to 
generate a mathematical fit between the relevant parameters without any physics contained in 
the equations. The second type of model, the Fundamental Model, relies on detailed equations 
for the heat transfer processes and on thermodynamic laws and requires complete information 
on the configuration and dimensions of the components. One of the main difficulties in the 
modeling of refrigeration systems is the fact that an exact model for the reciprocating 
compressor is extremely complex. Complicated flow through valves and heat transfer 
processes, the presence of a lubricant within the compressor shell, the refrigerant oil mixture 
concentration and the corresponding thermophysical properties are almost analytically 
indescribable. For this reason, some authors used and alternative method which falls between 
the two types of models previously described. Some articles illustrating these approaches are 
briefly reviewed in the following paragraphs. Most describe steady, or quasi-steady, models 
that are more appropriate for annual energy calculations. 
Fisher & Rice (1983) presented a steady-state model for an air-to-air reciprocating 
vapour compression heat pump based on thermodynamics principles and heat transfer 
relations. They used manufacturer maps and curve fitting for the compressor model and 
developed their model with the objective of only requiring input data that is readily available 
in manufacturer's catalogues. 
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Cecchini & Marchal (1991) proposed a simplified numerical code for simulating refrigerating 
and air-conditioning equipment. This model did not describe in detail the operation of the 
system's components but characterizes it with a few parameters deduced from experimental 
data. The simulation calculates heating and cooling capacities and electrical power input for 
any operating condition. 
Stefanuk et al. (1992) developed and used a model to simulate a steady-state water-to-
water vapour compression heat pump with superheat control. It was derived entirely from the 
basic conservation laws of mass, energy, momentum and the equation of state as well as 
fundamental correlations of heat and mass transfer. It predicts system performance over the 
full operating range of a heat pump. Good agreement with experimental results was found for 
the cases studied. 
Nyers & Stoyan (1994) modeled the evaporator of a refrigeration system with detailed 
heat transfer equations. The focus was on the response of the evaporator to system controls. 
The expansion valve and compressor were modeled using algebraic equations with lumped 
parameters. Other interesting works using first principles to model the complete refrigeration 
system have been published by Sami & Dahmani (1996), Xiandong et al. (1997) and Xuejun 
etal. (1999). 
Popovic & Shapiro (1995) described a compressor model which requires eight input 
quantities and determines mass flow rate, refrigerant outlet state and compressor power with a 
10% relative error. 
Bourdouxhe et al. (1997, 1994) produced a simulation toolkit for ASHRAE which uses 
a small number of parameters that are accurate enough for annual energy calculations of 
building systems. They used a quasi-static approach and assumed an ideal thermodynamic 
cycle with isothermal refrigerant in the condenser and evaporator. 
Williatzen et al. (1998) presented a mathematical model describing the transient 
phenomena of two-phase flow for evaporators and condensers in a refrigeration cycle with 
application to a domestic refrigerator. The heat exchanger was separated in three zones 
(liquid, two-phase and vapour regions). 
Svensson (1999) modeled a basic vapour compression system with several simplifying 
assumptions for the compressor. The condenser was separated in two zones (condensing and 
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subcooling) while the evaporator was treated as a single zone. The expansion device was 
modeled as a perfect isenthalpic process maintaining constant superheat. 
Sreedharan & Haves (2001) compared three chiller models (including the ASHRAE 
toolkit model and the DOE-2 chiller model) with experimental data and concluded that all 
three displayed similar levels of accuracy. 
Jin & Spitler (2002) presented a steady-state simulation model for a water-to-water 
reciprocating vapour compression heat pump, based on thermodynamics principles and heat 
transfer relations. It includes several parameters that are estimated from catalogue data using a 
multi-variable optimization and was developed with the objective of only requiring input data 
that is readily available in manufacturer's catalogues. 
The literature review of models of vapour compression equipment by Bendapudi & 
Braun (2002) includes 40 papers spanning a period of 23 years from different journals and 
conference proceedings. They present a summary of each of these papers using the same 
general template which includes eight headings: equipment description, purpose, assumptions, 
mathematical description, solution technique, applicability, discussion and references. It 
therefore provides a wealth of information in a simple format which gives a useful overview 
of the evolution of the modeling approaches applied to such systems. 
The principal goal of the present paper is to describe and validate a numerical model of 
an indoor ice rink refrigeration system, which can be used to simulate its operation, to 
estimate its annual energy consumption and to analyse different energy saving strategies. The 
system under consideration includes several compressors, evaporators and condensers while 
previous publications treated simple systems with only one component of each type. The 
modeling approach uses a combination of the Fundamental method -especially for heat 
exchangers where well established correlations for phase changes were used- and the Curve 
Fitting method coupled with thermodynamics laws for the compressor. The expansion valve is 
modeled as a perfect isenthalpic device maintaining constant superheat. In future work this 
model of the refrigeration system will be coupled to the models of the building and the 
concrete slab with brine pipes described in our previous articles (Daoud & Galanis, 2006; 
Daoud et al., 2008; Seghouani et al., 2009). 
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3.2 Refrigeration system description and basic assumptions 
The refrigeration system under study is that of the Camilien Houde ice rink situated in 
Montreal, Canada. The thermal behaviour and refrigeration loads of this building have been 
analysed previously (Daoud and Galanis, 2006; Daoud et al., 2008; Seghouani et al., 2009). 
Figure 3.1 shows a schematic representation of this system which is essentially 
constituted of: 
• Two parallel shell and tubes evaporators with three compartments each, shell diameter 
0.5m, evaporator length 1.778m, baffle spacing 0.393m, 342 tubes in two passes, total 
surface of tubes 49.1m2, internal and external tube diameters respectively 15.75mm and 
19.05mm, tube length 2.4m, pitch 23.812mm, triangular configuration of tubes. 
• Five open-drive four-cylinder compressors (Carrier 5H40 model) with maximum speed 
1750 rpm, piston displacement 0.04359m /s, clearance 0.08. > 
• Five air-cooled condensers (Larkin RC8, 0768 model) with 2.743m length, 2.038m width, 
168 copper tubes in six passes and three rows, internal and external tube diameters 
respectively 9.525mm and 11.525mm, tube length 2.667m, total surface (tubes + fins) 
91.338m , number of aluminum fins 390 per meter, fin pitch 2.56mm, fin thickness 
0.25mm, height and width of fins 25mm. There are four fans per condenser with a flow 
rate of 5.89 kg/s per fan. 
• Five thermostatic expansion valves (Parker) 
• One split-case brine pump: 1200 rpm, 56.7 L/s, 18.7 kW 
• Primary refrigerant: R-22 
• Secondary refrigerant: calcium chloride brine solution (concentration 20% by mass) 
The refrigeration system was initially constituted of six compressors (three per 
evaporator). However, in February 2005 a compressor was removed from the second chiller. 
Thus, as shown in figure 3.1, the first chiller is connected to three compressors and the second 
chiller is connected to two compressors while the brine flow rate is shared between these two 
chillers. 
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Figure 3.1 Schematic representation of the refrigeration system and the 
secondary loop (Camilien Houde Ice Rink) 
For the simulation it was assumed that the refrigeration system is constituted of five 
identical units represented schematically in figure 3.2. The characteristics of the compressor 
and condenser of each of these units are those specified above while the corresponding 
evaporator surface is equal to that of one of the three compartments in the tube and shell 
evaporator of figure 3.1. The brine flow rate is always the same (56.7 L/s) and is divided 
equally between the units in operation at any given instant. The other modeling assumptions 
are: 
• Steady state conditions 
• Negligible pressure drop in all the pipes and heat exchangers 
• Negligible heat losses to the environment 
• Polytropic compression 
• Isenthalpic expansion 
These assumptions were also used in most of the articles mentioned in the introduction. 
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Figure 3.2 Schematic representation of the basic refrigeration unit 
Finally, the thermodynamics properties of the brine are taken constant at -8 °C since 
measurements show that its temperature changes by approximately 1 °C between the inlet and 
outlet of the evaporator and that it varies by approximately ±1 °C over a period of several 
months. 
Figure 3.3 shows the thermodynamic states of the refrigerant on a temperature-
enthalpy diagram as well as the corresponding temperatures of the brine in the evaporator and 
those of the air in the condenser. The procedure described in the next section is used to 
calculate the pressure and temperature of the refrigerant at each of the states identified in 
figure 3.3 as well as the corresponding outlet temperatures of the air and brine every 360 
seconds (At = 0.1 hr) over an entire year. The relations used to calculate these quantities 
include the conservation equations for mass and energy, certain correlations derived from the 
data in the manufacturer's catalogue as well as the time dependent ambient air temperature 
(Tair,in), the refrigeration load (QR) and the inlet brine temperature (7b,in) calculated according 
to our earlier work (Daoud and Galanis, 2006; Daoud et al., 2008; Seghouani et al., 2009). 
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Figure 3.3 Temperature-enthalpy diagram for the basic refrigeration unit 
3.3 Modeling procedure 
Figure 3.4 shows the adopted procedure for the calculation of the operating conditions 
of the refrigeration system under study. The refrigerant and physical characteristics defined 
earlier, the values of subcooling {Ty-Ti) and superheating (Ti-Ty) as well as the 
thermophysical properties of the air and the brine (including the desired brine outlet 
temperature 7b;0Ut) are specified. Then the code reads from an appropriate file the refrigeration 
load (QR), the brine inlet temperature (7b,jn) and the outside air temperature (Tair)in)- These last 
three values are time dependent. The calculation for a given instant t proceeds according to the 
following steps: 
l.a The determination of the number of refrigeration units (cf. figure 3.2) in operation is 
based on the analysis of measured values which show that the refrigeration load per 
compressor never exceeds 65kW. Therefore 
Nc=\ if 0 R < 6 5 k W (3.1a) 
Nc=2 if 65<0 R <13OkW (3.1b) 
Nc=3 if 130<g R <195kW (3,1c) 
Nc=4 if 195 < QK < 260 kW (3.1d) 
Nc=5 if 0R>26O (3.1e) 
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Enter: Refrigerant type; physical parameters of condenser, evaporator 
and compressor; brine and air thermodynamic properties including 
desired brine outlet temperature; values of subcooling and superheating. 
Nc =N,+1 
No 
Inputs: Read the values of the refrigeration load, the brine inlet 
temperature (rbjin) and the outside air temperature (T^m). 
i 
2. First guess of evaporation temperature Te, 
3. Calculate Pev, T,, Pcd> Tcd, T3, n, T2, mR and W„ 
5. Calculate AeV|2p ,Aevsup from evaporator model 
7. Initialise number of working fans to N(m =1 
8. Calculate Acd,des >Acd,2p, AcdjSub from condenser model 
No 
1. Determination of the number of compressors in 
operation and of the compression ratio. 
u 
o © I > 
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The system is not able to deliver 
the desired 7bi0ut.The inputted 
Tb.om must be wanner. 
Write outputs 
Figure 3.4 Procedure for the calculation of the system's performance 
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As is the case in all quasi-steady simulations, such an approach can be interpreted in two 
different ways. The first focuses on a particular instant of the simulation and considers that a 
compressor which is in operation produces a constant fraction X of its nominal capacity 
during the entire following timestep. The second focuses on the interval At = 0.1 hr between 
two consecutive instants of the simulation and considers that the compressor operates during 
a fraction X of the timestep at its nominal capacity. With both interpretations the quantity of 
energy transferred during the interval is the same. 
1 .b The refrigeration load for each unit in operation is therefore 
&=QJNC (3-2) 
The value of Q^ is then used to determine the compression ratio -Pcd/.Pev from a correlation 
based on the values in the manufacturer's catalogue (see figure 3.5). The evaporation 
temperatures for the 18 points included in the figure are between -34 and -18 °C while the 
condensation temperatures are between 27 and 54 °C. As shown in this figure the 
correlation returns values of the compression ratio which are within ±12% of the 
manufacturer's data in 17 out of 18 cases. The mean of the absolute values of the 
percentage difference between corresponding values of the predicted and catalogue values 
of Ped/Pev is 6.3% for the 18 cases in figure 3.5. It should be noted that operation of the 
compressor at the conditions shown in figure 3.5 requires an oil cooler and water-cooled 
heads. 
2. A first value for the evaporation temperature is assumed : 
Tev=Tb,m-ATsap=T4=Tv (3.3) 
where Arsup=8°c 
3. The corresponding pressure/^ is then obtained from the refrigerant data using the 
REFPROP software 
Pev=f(TJs« (3-4) 
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Figure 3.5: Compression ratio versus Load (manufacturer's data and correlation) 
The refrigerant temperature at the compressor inlet is 
7] = Tev + Arsup (3.5) 
The other thermodynamic properties of the refrigerant (enthalpy, entropy, density ...) at 
states 1 and 1' are also evaluated using REFPROP. 
Furthermore, the corresponding condensation pressure can be evaluated using the known 
compression ratio (figure 3.5) 
Pcd = (l 4.46 - 0.254 • £ + 0.00178 - f e J )•/>„ (3.6) 
While the condensation temperature rcd and the thermodynamic properties of the 
refrigerant at states 2' and 3' are evaluated using REFPROP. 
T«=TjP«) = Ty=Tr (3.7) 
The temperature at the exit of the condenser is 
T3 =Tei-^Tsub (3.8) 
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The polytropic exponent n is evaluated from a correlation based on data in the 
manufacturer's catalogue (see figure 3.6) 
n = 0.842 • exp(- (Pcd/Pev)/0.925)+1.227 (3.9) 
Therefore the temperature at the compressor exit, its volumetric efficiency, the refrigerant 
mass flow rate and the polytropic compressor power are: 
(3.10) T =T 'P
 A 
£cd 
V^ev7 
n vol 1 + C - C 
fp V» 
£cd_ 
v-^vy 
mR =TJ 
PD 
vol 
(3.11) 
(3.12) 
^pol = *»R 
n O l fed P , 
f n-\ \ 
- 1 (3.13) 
)_ 
The other thermodynamic properties of the refrigerant (enthalpy, density ...) at states 
2, 2', 3' and 3 are also evaluated using REFPROP. It should also be noted that the 
expansion of the thermostatic valve is assumed to be isenthalpic. Therefore the quality and 
density at state 4 can also be evaluated since its pressure and enthalpy are known. 
The power input to the motor driving the compressor can be evaluated by the 
following correlation obtained from the manufacturer's data 
If 
Wm = W„ 0.77423 + 0.03969 
fr^ 
\ p ^ j 
- 0.00442 £cd_ P 
2 \ 
(3.14) 
4. A first test is performed at this point by comparing the temperature at the condenser outlet 
T3 to that of the outside air rair>in • If the former is higher than the latter the calculation 
proceeds to step 5. Otherwise the number of refrigeration units (or equivalently the 
number of compressor NQ) is incremented, and the procedure returns to step lb. 
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5. This step uses the evaporator model to calculate the heat exchange surfaces for the two-
phases (2p) and superheated (v) zones. The corresponding equations are : 
m-a fr " 0 = -5*- • Q V fa,ou< - Tb,) = £/ev,2p • Av,2p • CF„ • LMTDev>2p (3.15a) N, 
K -ft - O ^ ^ t w - ^ „ ) = e^v,sup • Av,uP -CFev -LMTDeV]Sup (3.15b) N, 
It should be noted that the mass flow rate of the brine which circulates on the shell side is 
divided by the number of compressors in operation. The resulting mass flow rate therefore 
represents the corresponding brine flow rate for each refrigeration unit in operation. 
By taking into consideration the resistance of the evaporator tubes and the fouling 
resistance, the overall heat transfer conductance for each zone (2p and v) can be expressed 
as follows 
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u. ev.phase 
D D -Info ID ) 1 
ev,o , ev,o V ev,o / ev,i / , n , l 
+ %,o + • 
v-1 
D • h 
\^ ev,i ev .phase 
+ - 2-k, wall h ev.b 
(3.16) 
Next, it is necessary to calculate the convection heat transfer coefficients for each 
refrigerant phase and also for the shell side of the evaporator. 
5.a Brine side of the evaporator: 
The heat transfer coefficient outside the tube bundles is calculated from the McAdams 
correlation (Kakac and Liu 2002) for the baffled shell-side heat transfer coefficient: 
*ev,b=0.36.(yZ)J-pi ^ • G Y
5 5
 (C-UT (a. Y 14 
which is valid for 2000 < 
D„-G 
eq 
/" 
< l x l 0 6 
P - ^ 
\ /^wall J 
(3.17) 
The properties in this relation are evaluated at the average brine temperature in the shell. 
5.b Refrigerant side of the evaporator (separated in two zones): 
In the superheated zone, the simplified correlation given by Petukhov (1970) is used to 
obtain the heat transfer coefficient for the single phase refrigerant (vapour). The Nusselt 
number is given by 
(//2)-Re-Pr 
NU--
1.07 + 12.7-( / /2}^(Pr%-l 
(3.18) 
The Fanning friction factor is calculated from the correlation for smooth circular ducts 
given by 
/ = ( l .58- lnRe-3 .28) - 2 (3.19) 
Equation (3.19) predicts the results in the range 104 < Re < 5 • 106 and 0.5 < Pr < 200 with 
5 to 6 % error, and in the range 0.5 < Pr < 2000 with 10% error. 
For the transition region where the Reynolds numbers are between 2300 and 104, the 
Gnielinski correlation (Gnielinski 1976) is recommended: 
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NU= ( /yaH^iooo)-*
 (3.20) 
l + 12.7-(/"/2)^[Pr^-l 
Therefore, we can calculate the convection heat transfer coefficient for a single phase 
h = (NU-k)/Dl (3.21) 
In the two phases zone of the evaporator the heat transfer coefficient is evaluated from the 
Shah correlation (Shah 1982): 
^ v , 2 p = V \ , (3-22) 
Here, /z,iq is the all-liquid convection heat transfer coefficient for the liquid phase which is 
calculated from the Dittus-Boelter correlation (Kakac and Liu 2002). 
XO-x)-/), K = °-023 
MR, Hq 
0.8 
Pr04 -^3_ (3.23) 
D 
i,ev 
The coefficient y/ in eq. 3.22 depends on the convection number, the boiling number and 
the Froude number (Shah 1982) 
After the three convection heat transfer coefficients have been calculated the values of 
2p are obtained from eq. 3.17 and those of the surfaces Aevjiup an<^ e^v,2P 
from eq. 3.15a and 3.15b. 
6. A second test is now performed by comparing the sum of the two calculated surfaces 
^4evsupand Aev2p to the given total surface of the evaporator Aev. If the sum is within ±5% of 
Aew the calculation continues with step 7a. Otherwise, the evaporation temperature is 
reduced by 0.1°C and the procedure returns to step 3. 
7.a The number of fans is initialised (N{an = l) 
7.b The mass flow rate of air in the condenser is calculated (wair = 5.89 • JVfan kg/s) 
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8. The condenser is modeled by expressing energy conservation for each of three zones: 
desuperheating (2 to 2'), condensing (2'to 3') and subcooling (3'to 3). The corresponding 
expression are 
m. 
m. 
(h ~ h )=N{an- Kr • Q>air ' fcir.out " ^ ) = ^cd.des " Ad.des " CF^ • L M T D ^ ( 3 . 2 4 a ) . 
R • (h ~ iy )=Ntw- m* • Q7air • (T^, - T+j) = £/cd>2p • Aci<2p • CFcd • LMTDcd2p (3.24b) 
R • (b ~h)= Nfan • Kr • CPaiI • fa, - Tmn) = £/cd>sub • ^cdiSub • CFcd • LMTDcd,sub (3.24c) 
The overall heat transfer conductance for each zone is 
U. cd,phase M o 
V ^cd,i ' "cd.phase 
+ 
^.o- lnKo/Ad. : ) , *c , 1 
2K • £wall • L Vo Vo-K cd,air J 
(3.25) 
Next it is necessary to calculate the convection heat transfer coefficients for the refrigerant 
in each zone and for the air. 
8.a Refrigerant side of the condenser (three zones are considered) 
For single phase refrigerant (desuperheating and subcooling zones) the convection heat 
transfer coefficient was calculated using equation (3.18) or (3.20) depending on the value 
of the Reynolds number. 
For the two phase refrigerant we use the correlation by Cavallini and Zecchin (1974) 
^ 2 p = 0 . 0 5 - R e ° R 8 e q - P r S s ^ ^ a (3.26) i,cd 
Where the equivalent Reynolds number is defined by: 
R e R,eq - R e d e s 
/Vdes 
V 
Al.sub 
0.5 
+ Re 
Re R,sub 
/^ R,sub J\P R,des J 
_Gev-(l-x)-Z) i |Cd 
/Vsub 
R,sub 
Re 
G ev-* 'A,cd 
R.des 
MR 
(3.27a) 
(3.27b) 
(3.27c) 
des 
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8.b Air side of the condenser 
The air side convection heat transfer coefficient was estimated using Webb's correlation 
(Webb, 1990) for heat exchangers with flat plate fins 
\Nu^ = 0.4 Gz™(slDeY»K" for Gz < 25 
M/Cdair = 0.53Gz062(s/Dcy023N°R31 for Gz > 25 
The calculation in this step proceeds as follows. First the air temperatures 
raJr3,,rair2,andrairout are calculated from equations 24. Then the logarithmic temperature 
differences LMTDcdsub,LMTDcd2pand LMTDcddes are evaluated from their definition. 
Next equations 3.26, 3.27 and 3.28 are used to calculate the convection heat transfer 
coefficients and the overall conductance for each zone is calculated from equation 3.25. 
Finally the heat transfer surface for each zone (Acddes,4;d>2pand4,dsub) is calculated from 
equations 3.24. 
9. The third test is performed by comparing the sum of the three calculated surfaces 
(4;d,des'4;d,2p> Ad,sub) t o m e g i v e n total surface of the condenser ACd. If the sum is not 
within ±5% of Acti, the number of fans is increased and the calculation continues with step 
7b. If the sum is within ±5% of ACd and N{an < 4 the calculation proceeds to step 10. On 
the other hand, if JVfan > 4 the solution is unacceptable since there are only four fans per 
condenser in the system under study. In such a case, the number of compressors 
(refrigeration units) is increased and the procedure restarts at step 2. 
10. If the above procedure leads to Nc < 5 the model has converged to physically acceptable 
operating conditions. Time is then incremented and the procedure is repeated for the next 
timestep. On the other hand if Nc>5 the solution, although mathematically and 
thermodynamically correct, is not acceptable since there are only five compressors (five 
refrigeration units) in the system under study. This solution implies that the system can not 
deliver the desired outlet brine temperature Tb out. Therefore its value is increased and the 
whole procedure is repeated for the same timestep by replacing its previous value by the 
new one. 
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Since the calculations are repeated every 6 minutes for an entire year the results are 
in the form of a set of 87600 vectors (365days x 24 hrs/day x 10 calc/hr) which include the 
calculated values of all the system's operating variables (evaporation and condensation 
pressures, compressor polytropic power, power input to the motor, exit brine and air 
temperatures, etc.) at each instant. 
3.4 Model Validation 
The developed model for the Camilien Houde ice rink refrigeration system was 
validated in two steps. 
Firstly, the performance of the system was compared to the manufacturer's data. Eight 
of the 87600 vectors containing the results were chosen at random and the calculated values of 
the evaporation and condensation temperatures as well as those of Wm, the power input to the 
motor driving the compressor, and QR, the refrigeration capacity, are presented in table 3.1. 
The corresponding values of Wm and QR obtained for the same Tev and TCd by interpolation in 
the manufacturer's catalogue are also specified in this Table. The agreement is similar to that 
reported in other studies. Thus, in the case of Wm the difference in 7 of the 8 cases is less than 
7% while in the case of QR it is less than 5% in 5 out of 8 cases. Overall this is deemed to be 
acceptable in view of the assumptions incorporated in the model and the uncertainty of the 
empirical correlations. 
Table 3.1 Comparison between manufacturer's values and calculated results 
Tev(°C) 
-20.0 
-19.5 
-19.25 
-19.75 
-18.7 
-19.25 
-18.42 
-19.36 
Tcd(°C) 
41.37 
36.59 
35.15 
42.16 
42.0 
42.19 
42.22 
48.70 
Power of the compressor motor (kW) 
Calculated 
18.85 
19.43 
19.5 
18.85 
19.06 
18.67 
19.18 
17.68 
Measured 
19.14 
18.97 
18.98 
16.12 
20.42 
17.43 
20.06 
18.83 
Difference 
1.5% 
2.3 % 
2.8 % 
14.5 % 
6.6 % 
6.6 % 
4 .3% 
6.1 % 
Refrigeration Capacity (kW) 
Calculated 
47.71 
57.25 
59.64 
47.71 
49.64 
47.62 
50.05 
37.32 
Measured 
48.31 
54.13 
48.86 
48.49 
51.34 
53.76 
51.87 
41.07 
Difference 
1.1 % 
5.4 % 
18,0% 
1.6% 
3.3 % 
11,0% 
3.5 % 
9 .1% 
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Secondly, calculated values of the evaporation and condensation pressures, refrigerant 
mass flow rate and number of compressors in operation were validated by comparing them to 
those obtained experimentally by Ouzzane et al. (2006). The measured outdoor air 
temperature, inlet and outlet brine temperatures and brine mass flow rate were taken as inputs 
for the model. Table 3.2 specifies the values of these inputs and compares the calculated and 
measured values of these four significant outputs. The agreement is considered to be very 
good. The small differences between calculated and measured evaporation and condensation 
pressures and mass flow rates are due to the imprecision of the measurements and to the 
simplifying assumptions of the model. 
Table 3.2 Comparison between measured and calculated values 
Measured 
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Difference (%) 
Out 
Evaporation 
pressure 
263.4 kPa 
268.5 kPa 
1.9 
Condensation 
pressure 
1549 kPa 
1571.8 kPa 
1.5 
3UtS 
Refrigerant 
mass flow rate 
0.335 kg/s 
0.346 kg/s 
3.3 
Number of 
compressors 
in operation 
4 
4 
0 
3.5 Results and discussion 
In this section the response of the modeled refrigeration system to the time-dependent 
input data {QR, TB,^ and Tair>ir) is analysed and discussed for two time periods. A short period 
of 240 timesteps corresponding to a typical day (the 1st of March was chosen for this purpose) 
illustrates the variation of operating conditions (evaporation and condensation pressures, 
number of compressors in operation, etc.) due to the diurnal variations of the refrigeration 
load and of the ambient air temperature. A long period of 87600 timesteps corresponding to a 
typical year is used to compare monthly energy consumption by the compressors, the fans, etc. 
for two control strategies of the system. The results were calculated using yearly distributions 
of the ambient temperature and refrigeration load described in an earlier publication 
(Seghouani et al. 2009). The pumping power was added to this load resulting in QR while the 
corresponding brine temperature at the inlet of the evaporator was obtained from Eq. 3.30. 
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3.5.1 Transient results for a typical day (March 1st) 
The time dependent input data is shown in figure 3.7. The outside air temperature rair,in 
for the day under consideration (from ENERGYPLUS) decreases from -5.6°C to -11°C 
during the night, starts rising after sunrise, reaches a maximum of -1°C around 16h and then 
decreases. The corresponding total refrigeration load QR, calculated with the code described in 
a previous article (Seghouani et al. 2009), is the sum of heat fluxes into the ice (by convection, 
radiation and phase changes), heat gains from below the concrete slab and the pump power 
(5kW) which is dissipated by friction. As seen in figure 3.7 this quantity decreases slightly 
from OhOO to 8h00 due to the fact that there are no activities in the ice rink during the night 
(no lights, etc.) and then rises from 8h00 until noon when the first resurfacing operation takes 
place. During the first half of the day the load is between 100 and 75 kW. The second half of 
the day is characterised by high peaks which reach more than 300 kW and correspond to the 
resurfacing of the ice which is achieved by spreading water at 60°C on its surface. 
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Figure 3.7 Diurnal variations of the inputs for March 1st 
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The temperature of the brine entering the refrigeration system T\,jn is the third input 
and is calculated from the relation 
eR=<-Qvte, in-:rb,0Ut) (3.30) 
The brine temperature coming out of the refrigeration system and entering the concrete 
slab (figure 3.1) is considered to be constant at -9°C for the calculation of QR (Seghouani et 
al., 2009). 
Figure 3.8 shows the calculated response of the system to the input data for this 
particular day. The number of compressors, or units, in operation (left axis) is three from OhOO 
to 0h30 and then falls to two due to the decrease of the refrigeration load QR (see figure 3.7). 
During this transition the mass flow rate of air per condenser increases since Q^ increases. 
The number of compressors in operation stays at two until noon while the mass flow rate of 
the cooling air decreases between 0h30 and 8h00 (due to the decrease of the outside air 
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Figure 3.8 Number of compressors in operation, mass flow rate of air per condenser 
and refrigeration load per unit for March 1st 
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temperature) and increases after sunrise as the activities in the ice rink intensify. During the 
resurfacing operations the number of compressors in operation is maximum (five) for two or 
three timesteps. Between noon and 18h00, when the time interval between successive 
resurfacing operations is fairly long, the system can recover from the high load corresponding 
to these operations and can return gradually to a state with only two compressors in operation. 
On the other hand, from 18h00 to midnight when the frequency of resurfacing operations 
increases, the minimum number of compressors in operation is three. This is due to the 
increased activity in the ice rink and the inertia of the system which does not have sufficient 
time between resurfacing operations to return to a more normal condition. Peak values of the 
refrigeration load per unit QR occur more often than those for QR but are less pronounced as a 
result of the variation of the number of compressors in operation. Thus the values for Q*R vary 
between approximately 35 and 52 kW. Therefore the ratio of the maximum to minimum 
values of Q*R is approximately 1.5 while the corresponding ratio for the total load QR is 
approximately 4. On the other hand the mass flow rate of air per condenser increases during 
resurfacing in order to evacuate the increased heat quantity. Finally, it should be noted that 
during this particular day the outside temperature is fairly low (figure 3.7) and therefore the 
maximum number of operating fans per condenser is only two. 
Figure 3.9 shows the condensation and evaporation pressures during this day. The 
evaporation pressure is essentially constant at about 260 kPa since the temperature of the brine 
remains always constant. On the other hand, the condensation pressure varies between 1600 
and 2000 kPa due to the combined effect of the air temperature (figure 3.7) and the 
refrigeration load per unit (figure 3.8). Between 0h30 and 8h00 this refrigeration load QR 
decreases, therefore Pcd rises as indicated by the manufacturer's data in figure 3.5 and by 
equation 6. The peak values of the condensation pressure occur after the start of the 
resurfacing operations and again shortly afterwards. The latter are due to the rise of QR as the 
number of compressors in operation decreases gradually from 5 to 3 (figure 3.8) during these 
periods. 
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Figure 3.9 Variation of the condensation and evaporation pressures with time 
on March 1st 
Figure 3.10 illustrates the corresponding diurnal variation of the power for all the 
compressors and fans in operation at any instant. The polytropic power of the compressors 
(Eq. 3.13) is of course lower than the power input to the motors (Eq. 3.14) due to mechanical 
losses. During resurfacing operations the number of compressors in operation is maximum 
and therefore the required power consumption is also highest. The total power for the fans is 
very small compared to the corresponding value for the compressors. This is partly due to the 
fact that the day under consideration is relatively cold (figure 3.7) so that only one or two fans 
per condenser are needed to reject the heat from the refrigerant. However even during hot 
days, when all four fans per condenser are in operation, their power consumption remains 
small compared to that of the compressors. 
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Figure 3.10 Power required by the fans and the compressors on March 1st 
Figure 3.11 shows the variation of the COP for the refrigeration cycle and for the 
system. The former is based on the polytropic compressor power (Eq. 3.13) while the latter is 
based on the power input to the compressor and fan motors (Eq. 3.14): 
COPCyc=(/1-/4)/02-z1) 
COPSys = m, -Cpb • {ThM - rb,out )/{Nc • (Wm + iVfan • JTta)) 
(3.31) 
(3.32) 
Therefore the system COP is smaller since Wm > PFpol (see figure 3.10). From OhOO to 
8h00 they both decrease due to the refrigeration load diminution illustrated in Figures 8 and 9. 
During the resurfacing operations both COPs increase and just after this short period they fall 
significantly due to the decline of the refrigeration loads QR and <2R . 
87 
3,50 
1,75-
1,50-
1,25 
1,00 
1 — i — | — i — | — i — | — i — | — i — | — i — | — i — | — i — | -
raw 
fift\ VI 
- • —COPsys 
— ° — COPcyc 
i—'—i—'—i—•—i—•—i—•—i—'—i—'—i—' 
8 10 12 14 16 18 20 22 24 
3,50 
3,25 
3,00 
2,75 
2,50 
2,25 
2,00 
1,75 
1,50 
1,25 
1,00 
Time (hours) 
Figure 3.11 Coefficients of performance for the refrigeration system and 
for the refrigeration cycle for March 1st 
Figure 3.12 shows the variation of the brine temperature at the inlet and outlet from the 
refrigeration system for the day under consideration. The former is represented by the top 
curve and constitutes an input to the model as stated earlier. It is important to remember that 
the system is modeled in a way that the outlet brine temperature returning to the concrete slab 
below the ice sheet (see figure 3.1) will normally be equal to -9°C. However, during 
resurfacing the refrigeration system is sometimes not able to absorb the corresponding 
important load QR and, therefore, the outlet brine temperature is warmer than -9°C as 
represented in figure 3.12 by the two lower curves. These two curves represent the outlet brine 
for two operating strategies: in one case all five units are allowed to operate during periods of 
high load while in the second case the maximum number of units in operation is limited to 
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four in order to limit the peak electrical demand of the system. As shown by the results of 
Figure 3.12 the effect of these two strategies on the returning brine temperature is only visible 
during the short resurfacing periods and is rather small: when the maximum number of 
simultaneously operating compressors is limited to four the returning brine temperature during 
these periods is slightly warmer (-8.35°C) than if all five compressors are allowed to operate 
simultaneously (-8.77°C). During the rest of the day both operating strategies meet the design 
requirement of a -9°C returning brine temperature. The effect of each of these operating 
strategies on the annual energy consumption is analyzed in the next section of the present 
paper while their influences on the ice sheet temperature will be studied in the future by 
coupling the present model with the one described by Seghouani et al. (2009). 
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Figure 3.12 Inlet and outlet brine temperatures for two functioning strategies 
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3.5.2 Monthly energy calculations for a typical year 
Figure 3.13 shows a comparison of the average daily energy transferred to the 
refrigerant in the evaporators for the two operating strategies described earlier (maximum 
number of units in simultaneous operation equals 4 or 5). It clearly shows that with a 
maximum of five compressors in operation the refrigeration load treated by the system is 
higher than with four compressors. The difference can reach almost 150 kWh/day during the 
summer months while in winter it is slightly smaller than 100 kWh/day. As already 
mentioned, the peak power demand when the maximum number of compressors in 
simultaneous operation is lowered from 5 to 4 is reduced by approximately 20% while the 
maximum temperature of the brine at the outlet of the evaporator increases by approximately 
0.5 °C. The seasonal effect on this energy quantity is clear and qualitatively predictable. Its 
value is lower in winter than in summer due to the colder ambient and soil temperatures which 
reduce heat fluxes towards the brine in the ice rink. 
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Figure 3.13 Average daily refrigeration loads at the evaporator for two operating 
strategies 
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Figure 3.14 compares the average daily energy consumption by the motors driving the 
compressors for the two operating strategies under consideration. Logically, this quantity is 
lower when the maximum number of units in simultaneous operation is 4. Thus the annual 
energy consumption of the motors driving the compressors can be reduced by almost 10% by 
this simple control strategy with a small increase in the temperature of the ice. The values in 
figure 3.14 rise progressively from January to May and can exceed 1400 kWh/day during the 
summer months. After September they decrease significantly due to the decrease of the 
refrigeration load (figure 3.13). 
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Figure 3.14 Average daily energy consumption by the compressors for two operating 
strategies 
The heat rejected by each of the three regions of the condensers (desuperheating, phase 
change and subcooling) is presented in figures 3.15A and 3.15B for the two operating 
strategies under consideration while figure 3.15C compares the corresponding totals. 
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According to the results in figures 3.15A and 3.15B the heat rejected by the subcooling 
regions is insignificant for both operating strategies. This explains the fact that many studies 
do not take into account this effect. They also show that the heat rejected during phase 
changes is almost four times greater than for desuperheating. However, in most ice rinks only 
the heat rejected by the desuperheating region of the condensers is recovered and used for 
space heating, DHW heating or snow melting. The present results illustrate the considerable 
energy, and potentially economic, gains which can be achieved by recovering the heat rejected 
during the condensation of the refrigerant. 
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Figure 3.15C compares the average values of the total heat rejected at the condensers 
by the two operating strategies under consideration. When the maximum number of 
compressors in simultaneous operation is 5 the system rejects more heat than when that 
number is 4 because of the increase of both the heat absorbed in the evaporator (figure 3.13) 
and the compressor work (figure 3.14). Their difference is higher during the summer months, 
when it can reach almost 200 kWh/day, since the need of a fifth compressor is more frequent 
during warm days. 
Also, during the summer, when the outside temperature and the refrigeration load are 
higher, the energy consumption by the condenser fans is significantly higher than in winter as 
shown in figure 3.16. This is due to the fact that more fans are operating during hot days to 
evacuate the heat rejected by the refrigerant in the condensers. However, their consumption 
represents only 5 to 10 % of the compressors consumption. 
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Figure 3.16 Average energy consumption by the condenser fans for two 
operating strategies 
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3.6 Conclusion 
A computer program was developed to simulate the quasi-steady operation of the large 
refrigeration system of an indoor ice rink using R22 as the working fluid and brine for the 
secondary loop. The phase changes in both heat exchangers as well as the time dependent 
ambient conditions and refrigeration load were taken into account. The results are in good 
agreement with the experimental measurements and with the manufacturer's data. 
The model was used to predict the number of compressors in operation, their energy 
consumption, the fans' energy consumption, etc. for a typical day and an entire typical year. 
The results show that the coefficients of performance of the thermodynamic cycle and the 
system increase during the resurfacing operations but decrease immediately afterwards. They 
also illustrate the considerable potential for heat recovery from the two phase region of the 
condensers which is almost 4 times higher than the heat rejected during desuperheating. The 
average daily energy consumption by the compressors and fans were calculated for each 
month of the year for two different control strategies: by reducing the maximum number of 
simultaneously operating compressors from 5 to 4 the peak electrical demand is reduced by 
20% and the annual energy consumption of the motors driving the compressors is reduced by 
almost 10% while the temperature of the brine increases by approximately 0.5°C during short 
periods following the resurfacing operations. 
In the future this model of the refrigeration system will be coupled to the models of the 
ice rink and the concrete slab with brine pipes described in previous articles (Daoud and 
Galanis, 2006; Daoud et al., 2008; Seghouani et al. 2009). Furthermore, other processes such 
as thermal storage and heat recovery, or changes such as replacing the air cooled condensers 
by water cooled condensers, will be included since the developed code is very flexible and 
allows such modifications. 
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Resume: 
Dans ce dernier chapitre de la presente these, le modele complet de simulation en 
mode transitoire qui calcule le transfer! de chaleur et la consommation d'energie d'un arena a 
ete realise en couplant les differents modeles (AIM, BIM et REFSYS) decrits dans les deux 
precedents chapitres. Celui-ci permet done d'analyser le couplage dynamique entre les 
phenomenes qui se produisent dans 1'arena (transfert de chaleur, condensation, mouvement de 
l'air) et le systeme de refrigeration en tenant compte des conditions meteorologiques variables 
et de l'inertie thermique des composantes modelisees dans le BIM. 
Le modele ainsi developpe est en mesure de prevoir le nombre de compresseurs en 
marche, la chaleur rejetee par les condenseurs, la charge de refrigeration, les pressions de 
condensation et d'evaporation et de nombreux autres details tels que la temperature de la 
saumure, la temperature de la surface de la glace et cela sur une base d'une annee typique 
pour les donnees meteorologiques et la cedule d'exploitation de l'arena. 
Le modele a ete utilise pour analyser les effets couples de la reduction de l'emissivite 
du plafond et de l'augmentation de la temperature de la saumure a l'entree de la dalle de beton 
de pres de 1°C. Les resultats montrent que la temperature de la glace demeure essentiellement 
la meme et que, par consequent, sa qualite n'est pas affectee. D'autre part, ces changements 
resultent en une diminution substantielle de la consommation d'energie du systeme de 
refrigeration allant de 16% a 22% au cours de l'annee typique. Les resultats illustrent 
egalement le potentiel considerable pour la recuperation de la chaleur a partir des condenseurs 
qui peut reduire l'energie requise par le systeme de ventilation de la l'arena. 
Mots cles: arena, charge de refrigeration, consommation d'energie, performance annuelle 
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Abstract 
A transient model of airflow and heat transfer in an indoor ice rink and a quasi-steady 
model of its refrigeration system have been coupled and used to simulate their response to the 
time dependent ambient conditions and operating schedule for a typical meteorological year. 
The results for two different cases show that it is possible to reduce significantly the time of 
operation of the compressors and the energy consumption of the refrigeration system by 
simultaneously reducing the ceiling emissivity and increasing the secondary coolant 
temperature without affecting the quality of the ice. 
Keywords: ice rink (arena), refrigeration load (charge de refrigeration), energy consumption 
(consommation d'energie), yearly performance (performance annuelle) 
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Nomenclature 
Ta_out Outlet air temperature from the condensers (°C) 
Ta_in Inlet air temperature to the condensers (°C) 
TjCe Ice surface temperature (°C) 
Tb out Outlet brine temperature from the refrigeration system (°C) 
Tb in Inlet brine temperature to the refrigeration system (°C) 
Tim Temperature at the interface between ice and concrete slab (°C) 
Pcd Condensation pressure (kPa) 
Pev Evaporation pressure (kPa) 
Qice Heat flux from AIM to BIM (kW) 
QR Refrigeration load (kW) 
Nc Number of compressors in operation 
At Timestep 
Abbreviations 
BIM Below Ice Model 
AIM Above Ice Model 
REFSYS Refrigeration System 
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4.1 Introduction 
Ice rinks are large buildings which consume a great amount of energy and generate 
considerable emissions contributing to the greenhouse effect. The thousands of such buildings 
in North America offer a big potential for improvement since most of them are old, oversized 
and were not designed for high energy efficiency. However, the available methods for the 
calculation of their annual energy consumption are not as developed as those for conventional 
buildings Bellache et al. (2006). The large dimensions of these building, the simultaneous 
need of refrigeration and heating, as well as time-dependent schedules for ventilation, lighting 
and resurfacing of the ice are some of the reasons for this situation. 
Readily available large computers have prompted some researchers to use 
Computational Fluid Dynamics (CFD) for the calculation of the refrigeration load of ice rinks. 
Thus, Bellache et al. (2005) developed a steady state 2D CFD model which predicts velocity, 
temperature, absolute humidity distributions and calculates the fluxes toward the ice due to 
convection from the air, to condensation of vapor and to radiation from the walls and ceiling. 
It was improved by Bellache et al. (2006) by including transient phenomena, heat transfer 
through the ground and gains from lights as well as the effects of resurfacing and dissipation 
of pump work in the coolant pipes. This model was validated with experimental results by 
Ouzzane et al. (2006). The great disadvantage of these CFD based models is the considerable 
calculation time required to obtain results for even a typical 24-hr period. Shortly afterwards, 
Daoud & Galanis (2006) and Daoud et al. (2007) proposed an alternative method to CFD 
which requires considerably less calculation time and computer memory and provides good 
results for an entire year. This model (AIM) takes into account the transient phenomena and 
3D geometry of the building as well as the resurfacing and occupation loads but assumes that 
the temperature of the brine entering the concrete slab under the ice is constant. Heat fluxes 
toward the ice surface were calculated and are in good agreement with measurements. 
Following this work, Seghouani et al. (2009) developed a complementary model to 
AIM, called BIM, which calculates the transient heat fluxes to the brine pipes from the soil 
under and around the foundation of the ice rink. The two models AIM and BIM have been 
successfully coupled under TRNSYS software and permit a wide range of parametric studies 
(such as determining the effect on energy consumption of the climate, the ice sheet thickness, 
the emissivity of the ceiling, the brine temperature entering the concrete slab... etc.). 
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In parallel, Seghouani & Galanis (2009) developed a quasi-steady state model of the 
air cooled refrigeration system of the ice rink (REFSYS) based on a combination of 
thermodynamic relations, heat transfer correlations and data available in manufacturers' 
catalogues. Results such as the monthly energy consumption, the number of compressors in 
operation as well as the heat rejected by the condensers were shown among numerous other 
outputs. This model requires as an input the time-dependent refrigeration load and the 
corresponding brine temperature entering the evaporators. These were taken from a data file 
calculated by the AIM+BIM models. However, REFSYS did not take into account the 
complete interaction between the ice rink and its refrigeration system since the refrigeration 
load was not recalculated when the refrigeration system was unable to cool the brine to the 
assumed temperature of the brine used by the AIM and BIM models. 
The purpose of the present paper is to integrate the previous works by coupling the 
refrigeration system (REFSYS) and the ice rink (AIM and BIM) models. The resulting model 
constitutes a complete simulation tool of an ice rink and its refrigeration system, able to 
predict the annual energy consumption by the compressors and the ventilation system, the ice 
surface temperature evolution as well as the potential for heat recovery. 
4.2 Ice rink description 
Figure 4.1 shows a schematic representation of the ice rink under study. A short 
description is presented here since more details are available in our previous publications 
Seghouani et al. (2009). The ice surface is 61 m long and 25.9 m wide. The spectator stand is 
heated by 8 radiant heaters which are controlled by an electronic thermostat with a set point 
equal to 15 °C; its hysteresis is ±0.2 °C and its nocturnal setback is 7 °C. Seven inlets supply a 
stream of ventilation air. Its flow rate is 4270 L/s except during resurfacing of the ice when it 
is increased to 10384 L/s to evacuate the combustion gases of the resurfacing vehicle. The air 
exits through 4 outlets on the walls. Heat gains from lighting are 10 W/m2 above the ice and 5 
W/ m2 above the stands; those due to the presence of the audience are also taken into account 
while the number of spectators is specified according to a weekly schedule. The ice 
resurfacing is done several times per day, lasts 12 minutes and is modeled as a 1mm film of 
hot water at 60 °C. Its frequency, specified in the schedule mentioned above, is higher in the 
evenings and weekends. The ground structure beneath the ice rink comprises horizontal layers 
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of ice (2.5 cm), concrete (15 cm), thermal insulation (10 cm), sand (20 cm) and, finally, soil. 
The total depth included in the calculation domain is 4 m. The secondary coolant used to 
maintain the ice at the desired temperature is calcium chloride brine (concentration 20% by 
mass). It is supplied from a header located at the west end of the ice sheet and circulates in the 
concrete slab within 74 uniformly distributed, four-pass polyethylene tubes. An electrical 
heater of 8 kW is activated in the sand layer when the ground temperature at a depth of 4m is 
below 4°C to prevent freezing under the concrete slab which can cause damage to the 
underground structure and ice. 
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Figure 4.1 Schematic section of the ice rink and the different layers under the ice 
(not to scale) 
The refrigeration system is constituted of two parallel shell and tubes evaporators, 
five open-drive four-cylinder compressors (Carrier 5H40 model), five air-cooled condensers 
(Larkin RC8, 0768 model) with four fans per condenser (the flow rate of each fan is 5.89 
kg/s). The system also includes five thermostatic expansion valves (Parker) and one split-case 
brine pump (1200 rpm, 56.7 L/s, 18.7 kW). The primary refrigerant is R-22. 
4.3 Models description 
The complete model of the ice rink under study is constituted of three major parts: the 
AIM, the BIM, and the REFSYS. A short description of each of them and of their connection 
is presented below. More details about each of these three parts including their validation are 
available in our previous papers (Daoud & Galanis 2006, Daoud et al. 2007, Seghouani et al. 
2009, Seghouani & Galanis 2009). 
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4.3.1 Above ice model, AIM (Daoud and Galanis, 2006, Daoud et al. 2007) 
This model simulates the air movement inside the ice rink building and calculates the 
heat fluxes towards the ice by radiation, convection and phase changes using a 3D transient 
zonal model with 64 zones. It consists of six coupled submodels (Energy, Radiation, Zonal, 
Air Age, Ventilation System, Humidity and Condensation) solved simultaneously with the 
"onion" method. The data exchange between these six submodels takes place several times at 
every timestep until the outputs of each submodel vary by less than 10" . The ventilation 
system consists of two units. The first one is used for cooling, dehumidifying and reheating 
the external air when its temperature is above 23 °C while the second unit is for heating and 
humidifying it when its temperature is below 15 °C. When the temperature of the entering air 
is between 23 and 15 °C none of the units is in operation unless the humidity level is too high 
or too low. The humidity controls are such that the relative humidity of the air entering the ice 
rink is maintained between 20% and 33%. 
4.3.2 Below ice model, BIM_(Seghouani et al. 2009) 
The BIM is based on the transient one-dimensional vertical conduction equation and 
the electrical circuit analogy but takes into account heat exchanges with the lateral soil around 
the foundations of the ice rink. It also includes the thermal inertia of the different layers which 
constitute the structure under the ice (ice, concrete slab with embedded brine pipes, insulation, 
sand with electrical heater and finally soil). For that, the ice surface is divided in 8 equal 
surfaces which correspond to those used by the zonal model of the AIM. Each of these 
surfaces is subdivided into two parts (A and B). The brine flows from west to east under part 
A of the eight surfaces and in the opposite direction under part B. The model calculates the 
heat fluxes to the brine from the soil below and around the ice sheet as well as those from 
above corresponding to the heat gains of the ice calculated by the AIM. It then evaluates the 
brine outlet temperature based on its inlet temperature, the ice surface temperature and the 
temperature at each interface between the layers under the ice for each timestep. 
4.3.3 Refrigeration system model, REFSYS (Seghouani & Galanis 2009) 
The third part simulates the refrigeration system which is the heart of the ice rink. 
Therefore its modeling is of a substantial nature since it has the responsibility to reject the heat 
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corresponding to the refrigeration load with a suitable control strategy which insures a good 
ice quality while limiting the energy consumption and peak electrical demand. For that, each 
component of the system is modeled separately. The evaporator is divided into two regions 
(phase change and superheating) and appropriate correlations are applied to model the heat 
transfer between refrigerant and brine. The compressor is modeled using thermodynamic 
relations, a polytropic compression and data from the manufacturer's catalogue (curve fitting). 
The air cooled condenser is modeled similarly to the evaporator but is divided into three 
regions (desuperheating, phase change, subcooling). The heat exchanges between the system 
components and the environment are neglected while the expansion of the refrigerant through 
the thermostatic valves is considered isenthalpic. The number of compressors in operation 
(Nc) is determined by dividing the refrigeration load (QR) by the capacity of each compressor 
(obtained from a correlation based on the manufacturer's data) and from the condition that the 
outside air temperature must be smaller than the condensation temperature. 
This model is able to successfully predict the energy consumption of the compressors 
and fans, the brine temperature at the exit of the evaporator, the condensation and evaporation 
pressures, the heat rejected by the condensers and the performance coefficient of the system as 
well as many other operating parameters at each timestep. 
4.4 Coupling the different models 
The three previously described models are coupled in TRNSYS software using the 
"onion" method as illustrated in figure 4.2. The calculations proceed as follows after giving 
initial inputs to each model at t = 0. The model reads the corresponding values of the inputs 
(weather data, occupancy, lighting, etc.). AIM calculates the heat fluxes towards the ice and it 
provides them as inputs to BIM, in which they are used as boundary conditions. In its turn 
BIM calculates both the temperature of the brine leaving the slab and the interface 
temperature between the slab and ice and communicates them to REFSYS and AIM as their 
boundary conditions. Finally, REFSYS calculates the temperature of the brine leaving the 
evaporator and communicates it to the AIM and BIM. Several such data exchanges take place 
until outputs of each model vary by less than 10"3. Then time is incremented (At = 6min) and 
this procedure is repeated. 
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1
 b out 
Above-Ice Model 
(AIM) 
Below-Ice Model 
(BIM) 
Refrigeration System 
(REFSYS) 
Figure 4.2 Schematic representation of the onion coupling between the different 
parts of the model 
The simulations in the present project used hourly weather data for a typical 
meteorological year for the city of Montreal, Canada (ENERGYPLUS). In order to ensure the 
periodicity of the results (values at the end of the 365 day must be identical to those at the 
beginning of the first one) we carried out simulations over 17 months by repeating the 
meteorological data for January to May and did not consider the results of the initial five 
months to ensure that the effects of the arbitrary initial values are eliminated. 
4.5 Results and discussion: 
In this section the response of the modeled refrigeration system to the time-dependent 
input data (operating schedule and weather data) is analysed and discussed for two time 
periods. A short period of 240 timesteps corresponding to typical days (January 1st and July 
1st) illustrates the variation of operating conditions (ice temperature, brine temperature, 
number of compressors in operation, etc.) due to the diurnal variations of the inputs. A long 
period of 87600 timesteps corresponding to a typical year is used to compare monthly energy 
consumption by the refrigeration and ventilation systems for two cases: case 1 which 
represents the base case has a ceiling emissivity of 0.9 and a setpoint of -9°C for the brine 
temperature at the outlet of the evaporators and ice thickness 2.5 cm while case 2 has a ceiling 
emissivity of 0.05 and a setpoint of-8.1°C for the brine outlet temperature. 
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Figure 4.3 shows the January 1st profiles of the ice surface temperature and of the brine 
temperature at the outlet from the evaporators for these two cases. During this day, from OhOO 
to 12h00 the ice temperature decreases slightly for both cases due to the decrease of the 
refrigeration load while the brine outlet temperature stays constant at the setpoint since the 
refrigeration system is able to meet the load. At 12h00 the first resurfacing takes part and 
results in a significant increase of the mean ice temperature as well as a small increase of the 
brine outlet temperature because the refrigeration load is higher than the maximum capacity of 
the refrigeration system. 
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Figure 4.3 Evolution of the ice surface temperature and the brine temperature at the 
outlet of the refrigeration system for two cases on January 1st 
Although the resurfacing lasts for 12 minutes (two timesteps) the increase of the ice 
temperature lasts longer due to the inertia of the ice sheet and the concrete slab. In the evening 
the resurfacing takes place at shorter intervals and the return of the brine outlet temperature to 
its setpoint takes longer while the ice temperature does not reach the low nightly values. A 
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qualitatively similar behaviour is obtained for July 1st when the number of resurfacings is 
increased to eleven. 
However the ice temperature is slightly higher than in winter due to the fact that the 
refrigeration load increases during hot days as discussed by Seghouani et al. (2009). The 
increase of the brine outlet temperature due to resurfacing is also more important than in 
winter for both studied cases. 
Finally, it is important to note that the increase of the brine temperature by 0.9°C (from 
-9°C to -8.1°C) causes a much smaller increase of the ice temperature (less than 0.3°C). This 
is due to the fact that in case 2 the heat flux towards the ice decreases principally because of 
the reduction of the ceiling emissivity. 
on 
Figure 4.4 Refrigeration load and number of compressors in operation for 
°* / two cases on July 1st 
the refrigeration load (top 2 curves) on July lsl for both cases. It shows that in case 2 the load 
is reduced by almost 25 kW compared to easel, principally due to the decrease of the net 
radiation flux from the ceiling to the ice but also due to a reduction of the conductive heat 
fluxes through the soil because of the increase of the brine temperature from -9°C to -8.1°C. 
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The response of the refrigeration system to this variation is illustrated by the number of 
compressors in operation (bottom 2 curves). During the night and between resurfacings during 
the day only two compressors are in operation in case 2 while it takes threein case 1 to meet 
the load. However in the evening when the resurfacing operations are more frequent the 
number of compressors in operation is essentially the same for the two cases under 
consideration. 
More detailed statistics on the number of compressors in operation for cases 1 and 2 
are presented in table 4.1 for each month of the year. These results clearly show that the 
simultaneous reduction of the ceiling emissivity and the increase of the brine temperature 
result in a significant reduction of the time during which all five compressors are in operation. 
This observation is valid for each month of the year. 
Table 4.1 Monthly and annual solicitation of compressors as a percentage of the 
number "m" of simulated operating conditions for the two cases under consideration 
January 
m=7440 
February 
m=6720 
March 
m=7440 
April 
m=7200 
May 
m=7440 
June 
m=7200 
July 
m=7440 
August 
m=7440 
September 
m=7200 
October 
M=7440 
November 
m=7200 
December 
m=7440 
Annual 
m=87600 
Nc=l 
1.4 (case 1) 
6.2 (case 2) 
1.5 
7.4 
0.7 
5.6 
0 
0 
0 
0 
0 
0 
0 
0 
0 
0 
0 
0 
0 
0 
0 
0 
0 
0.4 
0.3 
1.6 
Nc=2 
60.7 
72.6 
60.2 
71.2 
53.5 
72.0 
42.0 
75.8 
23.5 
71.7 
12.6 
68.4 
10.3 
67.4 
7.9 
67.9 
8.5 
68 
19.2 
70.8 
31.2 
73.2 
55.9 
77.5 
32 
71.4 
Nc=3 
20.6 
9.9 
20.7 
9.9 
27.7 
10.2 
38.5 
11.5 
55.4 
14.1 
65.5 
14.9 
67.6 
15.8 
70.5 
15.6 
68.7 
15.2 
59.3 
14.3 
48.4 
13.8 
26.1 
9.1 
47.6 
12.9 
Nc=4 
8.7 
3.9 
8.9 
4.1 
8.4 
4.7 
7.4 
5.4 
7.6 
6.8 
7.9 
9.0 
8.1 
9.1 
7.8 
8.9 
8.4 
9.3 
7.7 
7.5 
7.6 
5.6 
8.9 
5.5 
8.1 
6.7 
Nc=5 
8.0 
7.3 
8.2 , 
7.4 
9.4 
7.5 
12.0 
7.3 
13.4 
7.3 
13.9 
7.6 
13.9 
7.8 
13.7 
7.5 
14.3 
7.5 
13.7 
7.3 
12.7 
7.3 
8.8 
7.5 
11.9 (case 1) 
7.4 (case 2) 
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Figure 4.5 Condensation and evaporation pressures for two cases on July 1st 
Pressures of condensation and evaporation for July 1st are presented in figure 4.5. The 
evaporation pressure is essentially constant at about 258kPa and 265kPa for cases 1 and 2 
respectively since the temperature of the brine remains almost constant, except during 
resurfacings when the brine is warmer. On the other hand, the condensation pressure varies 
between 1550 and 2100 kPa due to the combined effect of the outside air temperature and the 
refrigeration load per unit. Between OhOO and 6h00 this refrigeration load Q^ decreases for 
both cases, therefore Pcd rises as indicated by the manufacturer's data (Seghouani & Galanis 
2009). 
However, after 6h00 the Pcd decreases suddenly from 2050 to 1600 due to the change 
of the number of compressors in operation from three to two. The peak values of the 
condensation pressure occur shortly after the resurfacing operations. A second peak shortly 
afterwards is due to the increase of <2R as the number of compressors in operation decreases 
gradually from 5 to 3 when the resurfacing finishes. 
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Figure 4.6 Monthly energy consumption by the refrigeration system for the cases 
under consideration 
The predicted average daily energy consumption by the refrigeration system 
(compressors and fans) is shown in figure 4.6. During the winter months it is reduced by 
almost 200 kWh/day when the ceiling emissivity is reduced from 0.9 to 0.05 and the brine 
temperature is increased from -9°C to -8.1°C. During the summer months, when the 
refrigeration load is higher, the reduction of energy consumption is even more important and 
can reach almost 350 kWh/day. This is a consequence of the results in Table 1 which show 
that during the summer months the most probable number of compressors in operation is three 
for case 1 and two for case 2. 
Figure 4.7 compares the annual energy rejected by the condensers with the 
corresponding energy consumption by the ventilation system (heating and reheating) and the 
radiant heating above the spectators' stands. It is noted that the latter is always much smaller 
than the energy needed to treat the ventilation air. 
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Figure 4.7 Monthly energy quantities (consumption by the ventilation system and the 
radiant heating as well as energy rejected by the condensers) 
During the first two months of the year the energy needed to heat the outside air is 
greater than the heat rejected by the condensers. This is due to the very cold weather in 
Montreal during these months. However this heating energy decreases as the temperature of 
the outside air rises, is essentially zero in summer but starts rising again in: autumn. On the 
other hand, the energy of reheating after dehumidification and/or cooling of the ventilation air 
is lowest in winter and highest in summer as expected. 
At first glance, the results of figure 4.7 indicate that the heat rejected by the condensers 
can provide practically all the energy needed to treat the ventilation air. However, the energy 
rejected by the condensers cannot always be fully used to heat the ventilation air because the 
temperature of the air leaving the condensers is often well below the air temperature needed 
inside the ice rink. This is illustrated by figure 4.8 which shows the air temperature entering 
and leaving the condensers on January 1st. Despite the fact that it has increased by almost 
12°C the air temperature leaving the condenser is still well below the 15°C required in the 
stands. 
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Figure 4.8 Air inlet temperature to condensers vs. air outlet temperature 
4.6 Conclusion: 
A complete transient simulation code which calculates heat transfer and energy 
consumption in an indoor ice rink has been successfully realized by coupling different models 
(AIM, BIM and REFSYS) described in our previous publications. The developed code is able 
to predict the number of compressors in operation, the heat rejected by the condensers, the 
refrigeration load, the condensation and evaporation pressures and many other details such as 
brine temperatures, ice surface temperature, etc. on a yearly basis for any meteorological data 
and different operating schedules supplied by the user. 
The code was used to analyze the effects of simultaneously reducing the ceiling 
emissivity from 0.9 to 0.05 and increasing the brine temperature at the inlet of the concrete 
slab by almost 1°C. The results show that the temperature of the ice remains essentially the 
same and that therefore its quality is not influenced. On the other hand these changes result in 
a substantial decrease of the daily energy consumption of the refrigeration system varying 
from 16% to 22% during the typical year. The results also illustrate the considerable potential 
for heat recovery from the condensers to satisfy or reduce the energy needed by the ventilation 
system of the ice rink. 
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CHAPITRE5 
CONCLUSION GENERALE 
Le principal objectif de la presente these de doctorat etait de concevoir un outil de 
simulation numerique du fonctionnement complet d'un arena en mode transitoire, capable 
d'estimer et d'optimiser la consommation energetique de ce genre de batiment avec bonne 
precision et rapidite des calculs. Au terme du projet nous pouvons affirmer que cet objectif a 
ete atteint. 
Les differentes etapes qui ont permis de realiser cet objectif etaient les suivantes : 
- Dans un premier temps il a fallu creer un modele numerique (BIM) de la structure sous la 
glace pour calculer les flux de chaleur conductifs transitoires absorbes par la saumure. 
Cette tache etait compliquee a cause des grandes dimensions de la patinoire et du fait que le 
sol en dessous de la glace est constitue de differentes couches (glace, dalle de beton, tuyaux 
de saumure, isolant thermique, sable, sol). II fallait done tenir compte de leurs dimensions 
et de leurs proprietes thermiques tout en considerant le mouvement de la saumure dans la 
dalle de beton, le chauffage electrique au niveau du sable ainsi que le sol au dessous et 
autour de 1'arena. 
- Lors de la seconde etape il a fallu faire le couplage numerique entre le modele developpe 
(BIM) et le modele thermo-aeraulique du batiment (AIM) developpe par Daoud et coll. 
(2006, 2007). Cette tache a ete realisee a l'aide du logiciel TRNSYS avec une methode dite 
«Oignon». Selon celle-ci, et au cours d'un pas de temps, le BIM calcule la temperature 
d'interface entre la glace et le beton et la transmet a l'AIM. Ce dernier calcule alors le flux 
de chaleur vers la glace et 1'envoi a titre d'input au BIM. Plusieurs de ces echanges de 
donnees ont lieu jusqu'a ce que les resultats de chaque modele varient de moins de 10" . 
Ensuite, le temps est incremente et cette procedure est repetee. Des simulations annuelles 
ont ete effectuees necessitant des donnees horaires (temperature de l'air et du sol a 0 m et 4 
m de profondeur ainsi que le rayonnement solaire) d'une annee meteorologique typique. 
Afin d'assurer la periodicite des resultats nous avons effectue des simulations sur 17 mois 
en repetant les donnees meteorologiques de Janvier a Mai pour etre sur que les effets des 
valeurs initiales arbitraires soient elimines. 
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- La troisieme etape etait de developper un modele numerique du systeme de refrigeration de 
1'arena etudie. Ce dernier est constitue principalement de cinq compresseurs a pistons, deux 
evaporateurs (tubes et calendre), cinq condenseurs a air et autant de vannes de detente. Le 
refrigerant principal est le R-22 et le fluide secondaire est la saumure qui sort du systeme a 
une temperature de consigne s'etablit a -9°C. Ainsi et en ayant analyse de nombreuses et 
tres variees publications sur les systemes de refrigeration, nous avons opte pour une 
modelisation se basant sur une combinaison de relations thermodynamiques, de 
correlations de transfert de chaleur et de correlations elaborees a partir de donnees 
disponibles dans le catalogue du manufacturier. Cette technique de modelisation est tres 
pratique lorsque les donnees experimentales des differentes composantes sont disponibles. 
Aussi, plusieurs hypotheses simplificatrices communes ont ete utilisees dans le but 
d'alleger le calcul sans pour autant affecter les resultats de fa9on significative. Ensuite, une 
strategic de controle appropriee a ete mis au point pour la mise en marche des 
compresseurs en reponse a une charge variable. 
- Enfin la derniere etape etait de faire le couplage numerique entre le modele du systeme de 
refrigeration (REFSYS) et l'ensemble (AIM+BIM). Encore une fois la meme procedure 
(oignon) qu'a la deuxieme etape a ete reprise. L'ensemble couple AIM+BIM calcule la 
temperature de la saumure a la sortie de la dalle de beton et la charge de refrigeration 
correspondante et les envois au modele REFSYS qui calcule a son tour la temperature de 
retour de la saumure et la renvoi a 1'AIM+BIM comme input, et ainsi de suite jusqu'a 
convergence. 
La validation des differents modeles (AIM, BIM, REFSYS) a ete effectuee a 
differentes etapes de leurs developpements a l'aide de mesures experimentales realisees sur 
l'arena et sur le systeme de refrigeration, mais aussi a l'aide des donnees du manufacturier. La 
concordance entre resultats simules et mesures etait tres acceptable. 
Les inputs dynamiques du systeme (qui changent avec le temps) sont les conditions 
meteorologiques (humidite et temperature de l'air exterieur, radiation..) et la cedule horaire 
d'utilisation de l'arena (spectateurs, lumieres, resurfacage, etc.). Les autres inputs invariables 
avec le temps sont consideres comme etant des parametres et incluent la geometrie et le type 
des composantes du systeme de refrigeration, les dimensions des differentes couches qui 
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constituent la structure sous la glace, leurs caracteristiques thermiques, le type de refrigerant, 
la puissance du chauffage radiant, les proprietes du fluide secondaire,.. ..etc. 
Le modele ainsi developpe et valide est en mesure de prevoir (comme outputs) le 
nombre de compresseurs en marche a n'importe quel moment, la chaleur rejetee par les 
condenseurs, la charge de refrigeration, les pressions de condensation et d'evaporation, la 
consommation energetique des systeme de ventilation, de refrigeration, des lumieres, de la 
pompe a saumure, du chauffage radiant, du chauffage electrique dans le sable ainsi que de 
nombreux autres details tels que la temperature de la saumure, la temperature de la surface de 
la glace, la temperature de l'air au dessus de la glace et au dessus des estrades,.. .etc. 
Le modele a ete utilise pour plusieurs etudes parametriques telles que l'effet du climat 
sur la consommation d'energie des differents systemes (ventilation, chauffage electrique et 
chauffage radiant). Le choix de quatre villes Nord Americaines aux conditions 
meteorologiques tres differentes a ete alors effectue (Edmonton, Houston, Montreal et 
Pittsburgh). Les effets deTepaisseur de la glace, de l'epaisseur de Pisolant thermique sous la 
dalle de beton, de la temperature de consigne de la saumure, du type de thermostat qui 
controle la temperature de l'air au dessus des estrades et de son set back nocturne ont tous ete 
simules et les principaux resultats se resument ainsi: 
- La consommation annuelle d'energie par le systeme de ventilation est fortement influencee 
par les conditions meteorologiques, elle est plus elevee dans les endroits chauds et humides 
et est toujours superieure a la charge de refrigeration correspondante. 
- L'utilisation d'un thermostat electronique avec une hysteresis de ±0,2°C plutot que d'un 
thermostat bimetallique avec une hysteresis de ±1,5°C augmente la charge de refrigeration 
de plus de 10%. Ce resultat est du au fait que les presents calculs ont ete effectues avec la 
meme temperature de consigne (+15°C). Dans le domaine residentiel l'utilisation d'un 
thermostat electronique resulte a une economie d'energie car les occupants ont tendance a 
fixer la meme temperature minimale ce qui conduit a une temperature de consigne 
superieure pour le thermostat bimetallique. Les Economies d'energie associees a 
l'utilisation d'un thermostat bimetallique dans les arenas sont au detriment du confort des 
spectateurs pour le scenario considere. 
- Une reduction de la temperature de la saumure entraine une augmentation de la charge de 
refrigeration et la reduction de la temperature de surface de la glace. 
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- Une augmentation de l'epaisseur de la glace entraine une diminution de la charge de 
refrigeration de la glace et 1'augmentation de la temperature de surface de la glace. 
- Une augmentation de l'epaisseur de la couche d'isolant thermique sous la dalle entraine une 
legere diminution de la charge de refrigeration et reduit sensiblement le risque de gel du 
sol. 
A l'aide des resultats obtenus, quatre correlations exprimant la consommation 
d'energie du systeme de ventilation en fonction de la temperature sol-air on ete formulees. 
On a aussi remarque que les resultats sur une annee montrent que la chaleur rejetee lors 
du changement de phase dans les condenseurs est environ quatre fois plus grande que celle 
rejetee lors de la desurchauffe; ils mettent en evidence l'interet considerable de la 
recuperation de la chaleur de ces deux processus qui peut reduire l'energie requise par le 
systeme de ventilation de la l'arena. 
Aussi, on a utilise le modele pour illustrer les avantages d'une strategic de controle qui 
limite le nombre maximum de compresseurs fonctionnant simultanement a quatre, au lieu de 
cinq, lors des frequentes operations de resurfacage de la glace. Cette strategie se traduit par 
une diminution de 10% de l'energie utilisee par les moteurs de compresseurs et de 20% de la 
demande de la puissance de pointe. Mais en contre partie durant ces courtes periodes, la 
temperature de la saumure augmente a la sortie des evaporateurs d'environ 0,5°C. 
Le modele a enfin ete utilise pour analyser les effets couples de la reduction de 
l'emissivite du plafond et de l'augmentation de la temperature de la saumure a l'entree de la 
dalle de beton de pres de 1°C. Les resultats montrent que la temperature de la glace demeure 
essentiellement la meme et que, par consequent, sa qualite n'est pas affectee. D'autre part, ces 
changements resultent en une diminution substantielle de la consommation d'energie du 
systeme de refrigeration allant de 16% a 22% au cours de l'annee typique. 
Enfin, le modele numerique final de par sa forme modulaire sous 1'interface de 
TRNSYS peut servir comme outil fiable et precis dans le but de tester d'autres techniques et 
strategies d'amelioration de Pefficacite energetique des arenas. Comme par exemple la 
reduction du nombre de compresseurs en operation pendant la nuit ou meme lew arret total, le 
stockage de froid et de chaleur, 1'integration de nouveaux condenseurs a eau pour la 
recuperation d'energie rejetee par les condenseurs, Putilisation de compresseurs a vis ou a 
puissance ajustable, l'integration d'un systeme de pompe a chaleur geothermique, etc. 
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